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Chapter 1
Introduction
Bearings are one of the most used machine elements. Their application range is very wide
and they are generally used to support moving parts in relative movement with low friction.
Countless types of bearings are available today, going from rolling bearings, to journal
bearings through magnetic bearings and others. The variety of construction forms, sizes,
geometries, applications and characteristics of this machine element is enormous. The most
common type of bearing is the rolling bearing and, even in this specific type, the complexity
and diversity of constructive forms is immense.
A rolling bearing can be very simply described as two concentric rings between which,
rollers are mounted and kept separated from each other through a cage (figure 1.1). Al-
though this simple description may lead to the conclusion that this mechanism does not
present any technological challenge, numerous questions concerning its functioning, con-
struction and use are still open. Questions like: ’How much operation time before a failure
occurs still remains?’, ’How should the bearing’s surface be constructed in order to have
low friction, but still be capable to retain lubrication?’ or ’Which factors are most relevant
for a certain dynamical behaviour?’ are not completely cleared.
Figure 1.1: Cylindrical and spherical rolling bearings. A cage keeps rollers equidistant.
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The idea of reducing friction through rolling movement is very old. Ancient civi-
lizations already used this principle to transport heavy loads over rolling wooden trunks.
Leonardo da Vinci (1452-1519) is considered the creator of a support over spheres. With
the invention of a grinding machine for spheres in 1883 by Friedrich Fischer, started the
mass production of rolling bearings. The last two centuries saw an incredible increase of
this industry and an immense development of the variety and use of bearings. Much of the
development of the machine industry was impulsed by the invention and improvement of
the bearing.
Nowadays, much effort is applied in better understanding and optimizing the function-
ing of bearings. Not only because they are widespread, but also because of the importance
of the equipments, machinery and plants in which they are built in.
There exist no reliable unified theory capable of handling with all different types of
bearings. Concerning specifically the calculation of the remaining operation life, much is
based on heuristics and/or experimental results for a specific case that is generalised for
other cases. However, many factors like the mounting, operational regime, contamination
etc. can lead to huge variations of the predicted remaining life. Even widely accepted
standards [ISO93a] for the calculation of rolling bearing’s lifespan are categoric to say that
the calculation methods proposed there have serious limitations and these should be taken
into account 1. This makes accompanying bearing’s operation even more important since a
reliable prediction of its behaviour and development of wear is still a very complex task to
be made beforehand.
This work is inserted in the context of condition monitoring and machine diagnosis.
The importance of this two terms is increasing every day and their relevance in the industry
is related not only to reduction of maintenance costs but also to integrity of machines and
persons.
Condition monitoring is related to accompanying the operation of a machine (or ma-
chine parts) in order to spot abnormal function. It has to be based in some kind of method of
evaluation that is able to sort out which are the possibles causes of what is being observed.
Once the relation of cause and consequence is established, the diagnosis of the state of
the machine continues with the evaluation of the severity of the cause and, if possible, the
1It is interesting to read the introduction of the ISO 281 (Dynamic load ratings and rating life) and see that
the first four paragraphs of the introduction of the norm are dedicated to warnings about its limitations. They
all begin with: ’It is not possible . . . ’, ’No satisfying results . . . ’ etc.. Even actualisations like the Addendum
4 [ISO93b] are not able to cope with all possible real operation situations. See also [Cor06].
3prediction of the remaining operation-life and, of course, which action should be taken.
The permanent monitoring of the condition of plants and equipments are a concept
of predictive maintenance. This maintenance philosophy intends to prevent unexpected
malfunctions or failures. To do so, the functioning of the plant/equipment is accompanied
in order to early spot possible causes of malfunction. The next step is to try to predict
when a failure would probably occur in order to better plan a standstill and/or to extend
the operation of the facility. The main advantage of this kind of maintenance is that cost
intensive unnecessary standstills or unexpected break-downs can be avoided, or at least
kept at a minimum. The disadvantage is that a constant monitoring of the situation of the
machine is necessary.
Other maintenance philosophies are the preventive maintenance and the corrective
maintenance. The first one is rather costly and laborious as it is based in pre-programmed
inspections where components are changed, whether they are weared/damaged or not. The
second one gives no security for the operation of the equipment as it only takes an action
when a failure occurs. This can be the most costly of all and is inadmissible for industrial
purposes.
The condition monitoring systems are recommended for equipments with intensive use,
whose failure could compromise the production or stop the plant. Also for important ma-
chines, whose maintenance is usually expensive. A prognosis of when the machine will fail
is of extreme importance in planning and organising a standstill and reduce downtime and
costs. One can imagine various examples where a machine failure could have catastrophic
consequences for an industry: a lamination cylinder having to be changed stopping the
whole production, a pump in a chemical industry that fails and spills poisonous materials, a
failure at an energy unit in an oil platform etc.. Not to mention here the integrity of persons,
which cannot be put in terms of money.
Such monitoring systems are becoming more and more compulsory in some industrial
branches, but it is important to say that they are not able to avoid damage or failure alone.
They always require the (right) decision of a specialist. Even the so called specialist-
systems, based on heuristics and able to make decisions “alone” are based on knowledge
databanks and does not substitute the criterious judment of a specialist2.
2Despite the enormous development of methods of artificial intelligence, computer based decision-making
etc., it is for the author still unknown that a computer program is able to consider all the consequences and
analyse all the possibilities before taking a decision. This possibility is not discarded and, apart from the fact
that humans are not always able to make judicious decisions, even an efficient hypothetical computer-based
4 CHAPTER 1. INTRODUCTION
Further considerations about the types of maintenance and particularities of condition
monitoring systems are not the main topic of this work and will be suppressed here. For
further information, the reader is referred to [Em98, Kle98]. In substitution, some words
will be said about known methods of diagnosis.
In the field of machine diagnosis, one always tries to identify malfunctions through the
analysis of the “symptoms” of the machine. Just like in a medical check up, one looks at
the components’ temperature, particles mixed in the lubrication oil, odd noises, cracks in
components through ultrasound analysis and of course the vibration of the machine. The
difficulty relies on the fact that, like in a medical exam, many causes can contribute to one
symptom (temperature increase for e.g.) and in many cases the results are not conclusive.
Furthermore, the quality of the results can be sometimes inconclusive about the causes and
are also subjected to how extreme the symptoms appear on the ’exam’.
At the same way as a doctor tries to make its diagnosis without having to cut their
patients to look inside them; for machines, the use of non-invasive techniques and not
requiring to stop the machine for the inspection is very advantageous.
Among the forms of analysis available, one of the most efficient, straightforward and
meaningful one is the analysis of vibration. Since most of the machines created implies
some kind of (repetitive) movement, its dynamic can be correlated to the interaction be-
tween the moving parts in it. The effect of these interactions can be perceived on the
machine housing, as the vibration produced by them propagates through the machine to
the point where the measurement are being taken. This makes this methodology rather
attractive, as an extern observation can retain information about what is happening inside
the machine, even during operation. Modifications on the vibration of a machine can be
associated with the modification of the interaction between the moving parts. The causes
can be, among others, variations of the working velocity, impacts, broken components and
of course, wear. Compared to oil analysis, ultrasound, and even temperature analysis, the
analysis of vibration delivers faster and meaningful results. Nevertheless, additional analy-
sis, whenever possible, deliver extra information and help the specialist in his/her diagnosis.
To try to identify the causes and to relate them with the state of the machine,
many different vibration analysis techniques (in time and frequency domain) have been
developed: time trend, Fourier transformation, trend analysis of RMS-values, cepstrum,
decision-maker would have been made using the knowledge of humans. Exceptions to science fiction films.
5envelope analysis, correlation, order analysis, fullspectrum, holospectrum, statistical ana-
lysis, time-frequency analysis and much more. All these techniques can be of help for
the analysis of machine’s condition and have advantages and disadvantages. It is also not
the intention here to go deep in details in each of them as they are already extensively de-
scribed in the literature [Kle98, Sou00, VDI05, Blo03, BWW+00, DR97, CM01, BZK+99,
LCB91, Cou91]. Only the ones that are applicable for the kind of analysis proposed and
are potentially useful will be addressed as they appear in the text.
Although it may seem contradictory, monitoring bearing’s condition does not have the
integrity of this component as its first priority. Compared to the costs of the machine or to
the costs of a break-down, the costs of the bearing itself can be sometimes neglected. The
point is that, bearings are so often used and made so important due to the importance of the
parts they support or of the whole plant/process, that its failure has further consequences
as just having to replace it. It is the same to say: one does not monitor the condition of the
bearing for the bearing itself, but for the role it plays in the whole context. Nevertheless,
they are essential for the “health” of the machine and monitoring their condition is an easy
and straightforward way to access the current state of the machine.
1.0.1 Outline of this dissertation
This work deals specifically with rolling bearings. The main interest lies on studying the
rolling movement and the factors influencing the generation of vibration in the bearings.
The emphasis is given to very early stages of operation, from new bearing up just before
the point where material removal in form from holes on the races and rollers occurs. In
these cases, the nature of the excitation generation is dominated by other mechanisms than
the impulsive signals caused by the interruption of the smooth rolling movement when one
surface turns over a damaged one. For the description of the time variation of the vibration
source, a physical model and the corresponding simulation tool are developed.
Additional interest rests on the investigation how the vibration signal is modified from
the point where it is generated (in the bearing) to the point where it most likely will be mea-
sured (on the machine housing). This modification is described by the transfer functions
and an experimental evaluation was done dependent on different factors that influence this
path.
With a description of the source and the transfer functions it was possible to predict the
vibration generated by this source and to compare it with measurements made in the real
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operation situation.
Two types of rolling bearings were simulated and measured; with spherical and with
cylindrical rolling bodies, although the same development can be extended for other roller
shapes.
Some further development concerning the inverse problem, i.e., obtaining only the bear-
ing signal out of a measured signal is also made and profits from the description of the
source given by the model. Here, a simple de-noising algorithm was used.
Although (still) not used as diagnosis technique, audible versions of the time evolution
of the vibrations help in the analysis and gives an extra tool for the investigation of the
influence of the condition of the bearing in the generate signal. This idea can be also useful
when the design of low noise bearings is aimed.
The motivation of this work is to better understand the generation of vibration due
to the rolling movement and to investigate how signals are changed through the path
source/receiver in very early stages of operation. As mentioned before, although conceptu-
ally simple, a small bearing can be extreme complex in its behaviour.
The content is divided as follows:
Chapter 1 gives an overall view of the context of this work and the problematic to be
studied. It also presents the approach adopted.
Chapter 2 presents the experimental bench at which the measurements were per-
formed. In this test-bench, the transfer functions were measured and running tests were
performed. The measuring chain and the development of custom-made actuators and sen-
sors are also described as well as their calibration.
Chapter 3 presents and discusses the results of the experimental determination of the
transfer functions. This intends to determine the influence of the propagation path from
the point where the vibration is generated to the point in the machine housing where it is
measured.
In Chapter 4 a physical model that describes the generation of vibration due to the
rolling contact is presented. The model uses the roughness profiles measured in real bearing
surfaces as input. Combining this information with the dynamics of the bearing, a method
to simulate the vibration of the whole bearing is given.
Later on, in Chapter 5, dynamic measurements are presented. They represent the
operational condition found in reality and enables a direct evaluation of the real situation
found where other sources in the machine also contribute to the overall vibration.
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Chapter 6 presents a suggestion for the challenging task of the inverse problem, where
the intention is to obtain the bearing’s signal out of measured signals and from them, the
surface properties of races and rolling bodies. A de-noising procedure was used for this
task and part of the bearing signal could be isolated from the measured vibration signals.
Finally, in Chapter 7 the conclusions and some suggestions for further work are pre-
sented.
1.1 Approach adopted
In the case of early bearing diagnosis, the main interest lies in the evaluation of the degrada-
tion of its races and rolling bodies and the evaluation of the remaining life of this element.
Of course, this evaluation could be done by stopping the machine and demounting the bear-
ing to perform an analysis of its condition. However this is not always possible or desired.
Therefore, great effort is employed in the development of “non-invasive” techniques.
These diagnostic tools try to associate the structural vibration of the machine with its prob-
able source(s). In the case of a bearing, its dynamic behaviour, and consequently the exci-
tation signal it produces, is highly dependent on the condition of its surfaces, operational
conditions and type of bearing. This work will also use vibration analysis as an evaluation
technique. It restricts itself to early stages of operation, as it will be seen later.
Common methods of accessing the degree of damage inside rolling bearings are based
on empirical methods and on measurements of the signal generated by an existing damage
[LCB91, Cou91]. A causal relationship between the structure-borne sound of the machine
and the possible moving elements inside it is the first step to identify the origins of such
vibration signals.
In the case of rolling bearings, irregularities on the races or rolling elements can be
one cause of a periodically impulsive excitation and, in combination with the dynamical
behaviour of the machine, makes itself measurable on the housing of the machine.
Some questions, of increasing interest of research, arise: what happens if the races and
surfaces of rolling elements are still undamaged? What kind of physical mechanism is
responsible for the generation of vibration in those cases and what kind of signal can be
sensed on the housing? Furthermore, what is the influence of the path between the point
where the vibration is generated and the point where it is measured?
Figure 1.2 shows the aspects of two outer rings of two different bearings tested. On the
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left, material is removed due to fatigue of the metal surfaces. On the right side, no material
removal from the surfaces occurred and no holes on the surfaces can be seen. Nevertheless,
the roughness of the surface was changed, as will be seen later, and this reflects itself on
the structure-borne sound produced in the rolling contact. This work will concentrate on
the case shown on the right side.
Figure 1.2: Two different outer rings from different bearing types. Left: fatigue damage of the
surface in form of material removal (pittings). Right: no material removal. A change of the
surface’s roughness suffices to produce a change in the structure-borne sound due to rolling
contact. This work will focus on the case shown on the right.
Within a normal life cycle, a bearing undergoes different phases of wear. In terms
of monitoring the condition of these elements, accompanying the development of wear is
vital to anticipate malfunction or even a break-down. For a surface irregularity in form
of a small hole (the so called pittings3), every time two surfaces meet each other in this
point, an impulsive kind of excitation occurs. As the bearing is subjected to a rotatory
movement, this process tends to repeat itself often and a deterministic excitation signal can
be expected. Knowing the dynamics of the movement, one is able to correlate this signal
to its probable cause (for e.g. a surface damage in the outer ring).
Nevertheless, this kind of excitation appears when a surface damage is already present,
i.e., a material removal had already occurred and the tendency is that this process will
continue, getting even worse up to a total failure if no action is taken. For this kind of
surface defect, numerous techniques, base on deterministic characteristic of the excitation
signal are present(see fr e.g. [Kle98, VDI05, Blo03, DR97]).
3Pittings are typical fatigue failures where material removal from the surfaces occur. Even under ’normal’
operation it can occur due to cyclic stress of the surfaces. See for e.g. [Har90, Chap. 24][FAG97].
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This work has as one of its objectives to investigate the time before such surface dama-
ges take place, i.e, before material removal on the surfaces take place. Additionally, it wants
to accompany changes in the condition of the surfaces from the beginning of the operation
until surface damage. The task here is to investigate which mechanisms are responsible for
the generation of vibration in these early stages of wear and to try to correlate the kind of
vibration generated by the bearing with the condition of its surfaces.
Concerning the very early stages of wear, the non-deterministic characteristics of the
vibration signal form a challenge for the diagnosis of the condition of a bearing. Regarding
high precision machines or ones with rigorous upper limits of vibration, the possibility
of predicting and accompanying the changes in its vibration pattern is of great interest.
Additionally, following up changes in the surfaces and their consequent modification on
the vibration generated helps the understanding of the development of degradation and the
identification of the exact point where material removal occurs. Not to mention the fact
that a full understand of the sort of vibration produced by bearings goes inevitably through
the study of the interaction between its moving parts. As a further horizon, the interest can
lie on the optimization of the bearing’s rolling noise by modifications on its surfaces.
The intention is to produce the referred excitation signal, which is the result of the
interaction between the surfaces in contact in a bearing in operation. The model should be
able to simulate the signal produced by this specific source on the machine using as input
the roughness profile measured on the surfaces in contact. By the analysis of the changes
in this signal, one can try to gather information about the actual stage of the surface and
the changes that occurred due to their use in operation. This has to be accompanied by
a suitable choice of descriptive roughness parameters that are able to describe the actual
stage of degradation of the bearing surfaces uniquely and that are sensitive to the small
changes that occur in the early stages of use of the surfaces.
To achieve this objective, the physical model should ideally satisfy some requirements.
First, it should be able to generate an excitation signal for every possible surface, i.e. for
every given surface condition and every given rough profile. This means that no such a
priori assumption about the statistical height distribution of asperities can be made. This
assumption is often made, due to its easiness to handle, but it limits the differentiation be-
tween various surfaces (and, of course, different stages of degradation) and does not always
correspond to the reality (see section 4.2). It should, additionally, be able to describe the
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surface by means of objective parameters obtained from the measured profiles. These pa-
rameters should describe a surface uniquely in order to make it distinguishable and suitable
of classification. However, this is not always an easy task as will be seen in section 4.2.2.
An alternative approach is proposed for the analysis of machines and to handle the
problem: the idea of treating the bearing as a vibration source and the machine as a system,
whose characteristics can be described through its impulse response. Later, just like in the
case of the analysis of linear time invariant systems [Vor05, OL02], one assumes that the
bearing’s vibration acts as a vibration source to be imposed to the machine and that will be
modified on the path between source and sensor. A measure of the influence of this path is
given by the system’s (machine) impulse response or its corresponding description in the
frequency domain (transfer function).
Mathematically, this idea is described by a convolution operation:
y(t) = x(t) ∗ h(t) =
∫ +∞
−∞
x(τ)h(t − τ)dτ. (1.1)
Here, x(t) is the input signal to be simulated by the physical model and imposed to
the machine. The machine is described by the impulse response h(t), to be determined
experimentally. The result of the convolution of x(t) with h(t) results in y(t), the time
evolution of the vibration of the machine. This last one can be calculated after x(t) and
h(t) were determined and of course, also compared with the measured vibration when the
machine is operating. Details, limitations and advantages of this approach will be discussed
throughout the text.
Further interest lies, at the end, in going the ’way back’. It means, to calculate back the
actual state of the bearing and its surfaces at early stages of degradation just by knowing
the vibration signal measured on the machine’s housing. With this objective in mind, it is
clear that a detailed description of the system, as well as of the vibration source is needed
and the effort to obtain them justified.
Figure 1.3 below shows the main idea of this work and its two main tasks: the develop-
ment of a physical model and the experimental determination of the transfer functions.
The part of the analysis starts with a mathematical and physical description of the bear-
ing and the vibration produced by it. As the real situation of the contact cannot be correctly
measured in real working conditions, it has to be simulated. The model should take all the
relevant parameters into account, such as surface roughness, type and quantity of rolling
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Figure 1.3: Schematically representation of the approach adopted: modelling of the vibration ge-
neration mechanism and description of the machine through the transfer functions. Later a com-
parison with measured vibrations of the machine in operation is made.
elements, load, among others. The output of this model should be a time dependent de-
scription of the excitation produced by the bearing, i.e., the vibration to be imposed to the
machine (system). Details about the modelling can be found in Chapter 4.
As mentioned before, the machine will be treated as a system, subjected to various in-
puts in form of excitation forces and will furnishes an output, in terms of vibration captured
on its surfaces. To describe this ’black box’ in dependence of all factors that may have an
influence over it, one has to determine its frequency dependence. This is made by mea-
suring the influence of the path between source and sensors. The transfer function can be
understood as the way the excitation produced by the bearing will be modified in its way
from the generation to the point where it will be measured.
If this two informations are available, i.e. the physical model of the source and the trans-
fer functions, it is possible to simulate the structure borne-sound that would be captured at
the sensor’s position and later to compare it with the measurements in a real situation.
The next step is to make a diagnosis. It means to try to correlate the measured signal
with the situation of the bearing’s surface. This is represented by the lower arrow on figure
1.3. Here, the effort of determining the transfer functions justifies itself again as, without
them, it would never be possible to calculate back what exactly the bearing is doing.
Chapter 2
Measuring System and Test Facility
This chapter describes the test bench and the experimental set up used to measure the
transfer functions of the test machine and to make the dynamic measurements, i.e., under
operation. The first round of measurements were made at the beginning of this project and
are thoroughly discussed in previous publications [Ste02, MJB+03, Rei04].
Two main requirements made the experimental effort a challenging task: the need to
determine the transfer functions of machines in a built-in situation, closer to the real oper-
ational situation (mounted machine) and the need to achieve a broad frequency range, as
described later in this chapter. The use of a common electrodynamic actuator (a shaker for
e.g.), would not attend these two requirements. Nor would an impact hammer fulfil the
task. This lead to the necessity to develop special actuators, specifically designed for this
task (see Section 2.3.1).
In the second experimental campaign, the effort was concentrated in bringing extra
sensors in the near of the vibration source of interest, i.e., the rolling bearing under test.
The previous measurements were repeated for verification and the extra sensors provided
further information about the signal generation and propagation along the machine. It also
gave the possibility to make measurements under running conditions very near to the test
bearing, which was not previously possible.
The main interest here is to answer some key questions:
• What is the real influence of the transfer function on the signal generated by the
bearing that is captured by the sensors on the machine housing? Does the housing
merely works as a wave guide for the excitation produced by it?
• What about the dynamic case, when various excitation sources give their contribution
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to the overall vibration? What is the real influence on the transfer function?
• Do the signals captured retain useful information that can be correlated to the actual
wear stage of the bearing’s surfaces in early stages of use?
This chapter explains the construction of actuators and sensors and shows the experi-
mental chain used in the measurements.
2.1 The Test Bench
The test bench used in the measurements is composed of a two pole asynchronous electric
motor and the test-machine itself. Both are placed in a very heavy concrete block that is
supported by springs and serves as a fundament decoupling the vibration of the test bench
from external sources of vibration on the hall in which they are placed.
Figure 2.1: Experimental bench for the measurement with rolling bearings showing the concrete
frame, the motor supported by the rubber feet and the machine block with the electric cables and
the plunger for the application of radial loads
The two pole motor was manufactured by the company AEG with a nominal output
power of 30 kW. Through a frequency converter it is possible to control the rotational
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direction and the rotation frequency from 0 to 720 RPM. The motor stands on rubber el-
ements, which isolate vibration to and from the concrete block. A flexible coupling joins
the motor to the machine’s shaft. Figure 2.1 shows an overall view of the test facility.
Radialload F
Sensor 1 Sensor 2
ActuatorCassette
F
Radial Load Machine Frame
Driving
Motor
Support
Bearings
Test Bearing
Cassette
Plunger
Figure 2.2: Left: schematic figure of the cassette showing the application of the radial load, the
position of the actuator and sensors. Right: layout of the machine showing the frame, plunger
and the support and test bearings.
The test-machine was adapted from an old bearing test facility from IBH1. It consists
of a cubic metal block (approx. 26,5 x 22,0 x 25,0 cm LxHxD) divided in two shells
to ease mounting. The upper part is screwed through 8 bolts to the lower part and has an
opening through which the cassette containing the test bearing shows. The machine is fixed
to a heavy frame, where a plunger can be adjusted to apply radial load over the bearing.
Mechanically, the cassette has the functions of:
1. Provide mounting for the test bearing over its whole perimeter;
2. Make the test bearing mechanically independent from the housing, allowing the ap-
plication of radial load directly over it;
3. Allow the mounting of the sensors near the bearing and the placing of accelerometers
over it;
1Institut für Bergwerks- und Hüttenmaschinenkunde from the RWTH Aachen.
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4. Ease the mounting and dismounting of the machine and avoiding damage of sensors,
cables etc. during the extremely laborious experimental evaluation.
The test bearing is located between two other support bearings, necessary to guarantee
the stability of the shaft during mounting and operation. The support bearings are tapered
rolling bearings and can also support small axial loads. Furthermore, they are sealed and
self lubricated to prevent extern contamination in the case the test bearing gets damaged.
The reader is referred to the Appendix for further informations about the test and support
bearings. Figure 2.2 shows the shaft with the support bearings and the bearing under test
mounted in the cassette. The machine frame and the plunger can be also seen, as well as
the position of the two accelerometers, screwed to the cassette.
Figure 2.3 shows the aspect of the opened machine, where the supporting bearings and
the test bearings can be seen. The cassette was specially modified to allow the mounting of
the cables of sensors and actuator. Further details will be given later on this chapter.
Figure 2.3: Open machine. On the left the upper shell was removed showing the cassette and the
two supporting bearings. Note the elastic coupling of the axis far left. On the right, the detail of
the cassette is shown with the mountings of the sensors and the groove for the sensor’s cables.
Far back is the upper shell with the mounting bolts and the opening for the cassette
The test facility, as described before, provides isolation from the vibration coming from
the floor through the fundament, decouples the motor from the shaft with the help of a flexi-
ble joint and provides a suitable mounting for the test-bearing that helps the evaluation of its
behaviour under various experimental parameters. Further details about the construction,
mounting and design of the machine will be given later in this chapter in the respective
sections below.
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2.2 Experimental chain and its components
Figure 2.4 below shows the experimental chain used for the measurements and its principal
components. The explanation about the sensors and actuators will be given in later sections.
v;F
U
Actuator
H(f)Transferfunction
U
v
Sensor
Temperature
F
Radial load
[0..50kN]
Reference
measurement
J
PT 100
A
D
Lowpass
16Bit
Transformer
Attenuator
PC
A
D
Power amplifier
Pre amplifier16Bit
I/O-Card
Lowpass
Figure 2.4: Measuring chain used for the determination of the transfer functions. The reference
measurement comprises the whole chain except for the sensors and actuators. Additional mea-
surements of temperature and radial load helped to keep control over the test set up.
As mentioned before, the application of radial load to the test bearing is made through
a cylindrical plunger. Six nuts can be screwed in order to compress the plunger over the
cassette. The coupling between them is made by a steel ball. To control the force being
applied, a strain gauge attached to the plunger is used. The strain gauge is a very efficient
and precise way to measure very small strain on metals. It consists of an electrical resis-
tance, built in a very thin film. This thin film should be glued to the metallic surface and
any deformation of this surface will change the length/form of this film and therefore its
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inner resistance. The strain gauge is attached to other resistances wisely disposed (Wheat-
stone Bridge) and will vary its resistance proportional to the deformation of the cylinder.
The classical Wheatstone Bridge has an own voltage source and consists of 4 resistors, one
of which is the strain gauge. If this electrical circuit is beforehand balanced (voltage fall
in opposite arms of the bridge is equal), one can perceive a change in the strain gauge’s
resistance (due to deformation of the cylinder when the screws are turned) in form of a
voltage unbalance in the bridge. In this way, it is possible with an easy electrical tension
measurement, to obtain the strain of the surface of the cylinder. With simple stress-strain
relations one can calculate the applied force.
The use of strain-gauges to measure forces is very well known and will not be further
deepened here. The forces could be precisely determined and this measure was used for all
experimental tests. For further information the reader is referred to [Hol01].
One very important point is that bearings have two main load limits that should not be
transposed. The static radial load and the dynamic one. The static load for the ball bearing
is 29 kN whilst the dynamic is somewhat higher (43 kN). For the cylindrical bearings, as
they can support forces better, the static load is higher than the limit load of 32 kN used
on the measurements (see Appendix). The static load should not be exceeded to avoid
indentation of the surfaces and the dynamic load determine the nominal range of proper
function.
The control of temperature was made with the help of a thermocouple. Temperature
measurements with thermocouples are rather precise and this kind of sensor allows the
measurement direct on the bearing’s outer ring during operation, which is better in terms
of controlling temperature increase due to wear of the surfaces, compared to measurements
made solely on the housing with infra-red sensors.
Measurements with thermocouples are equally wide spread in the industry and will not
be deepened here (see [Hol01]).
Observing the temperature is extremely important during the dynamic measurements,
as the piezoelectric sensors should not exceed the Curie Temperature (see 2.3.1) in which
the ceramic looses its polarisation and therefore its piezoelectric properties. For all the
measurements made, the thermocouple was positioned near the outer ring of the test bearing
through the opening for the cables of the sensors. Apart from preventing damage to the
sensors, the measurement of temperature can indicate abrupt rising of temperature and
generation of heat due to wear. This is a valuable information, although, regarding the
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intrinsic nature of heat propagation, this can be a slow process and not so accurate in
delivering information as the vibration measurement.
The generation and acquiring of the signals was made with two different boards, as
one of them had enough input channels for all the sensors, but no analog output channel.
The analog-digital conversion is made with the help of a 16-Bit I/O card from National
Instruments (NI PCI6254). The second card (NI PCI6221), also 16-Bit, was used to gen-
erate the excitation signal to the actuator through its analog output. Both cards must be
synchronised to allow the measurement of the transfer functions and this is made through
the trigger channel.
The signal input and output is confined to the ± 10V range and anti-aliasing filters
are built-in features of the boards. The sampling frequency can be set to up to 1,2 MHz
for one channel. For simultaneously acquisition, this number is divided by the number
of channels to be sampled. This acquisition board, with high resolution both in time and
also in amplitude, tries to minimise problems with the quality of the measurement, already
verified, and follows a suggestion described in [Rei04].
It should be noticed that two main aspects are in conflict: on the one hand, one should
attend the Nyquist theorem (also named after Shannon [Bri74] [OL02]) and also ideally
sample at a high rates to avoid aliasing effects and to obtain high resolution of the sampled
data; on the other hand, the size of the data should not be so big to be recorded and treated
later. As the limit frequency to be resolved is around 70 kHz (limited by the components
of the measuring chain), a sampling frequency of 400 kHz was chosen. This is far over the
maximal frequency content of interest (limited by the low-pass filters - see below), but still
treatable in terms of size of files.
All input channels were low-pass filtered with a 3rd order Butterworth filter with cut
off frequency of 72 kHz. The output channel, i.e. the excitation signal, was also filtered
directly after the DA-converter to avoid the introduction of high frequency components due
to quantisation effects 2. This is extremely low for a well-conditioned signals (that uses the
whole available range of ± 10V) and a 16-Bit card, but it was anyway used.
Due to the necessity to drive the piezoelectric actuator with high-voltage a power am-
plifier connected to a transformer was used. The signal generated from the card (maximum
2Due to low amplitude resolution, the signal can assume only some specific values and shows a stepwise
form. The sharp edges of the steps will be wrongly interpreted by the AD converter as frequency content
belonging to the original signal, thus adulterating the results. This was a limitation of the old 12-bit converter
[Rei04].
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± 10V) was amplified to up ± 30V and through the transformer over up to a factor 20
amplified. The piezoelectric actuators are driven with a tension of around 425 Ve f f .
Two commercial ICP accelerometers (PCB Piezotronics Inc., type 303A12) were
placed over the cassette. These sensors were calibrated with the help of a laser vibrom-
eter following the guidelines of the ISO 16063 [ISO99]. The entire calibration procedure
was already used with the first generation of self-made actuators and will be deepened in
section 2.3.3.
In the case of the piezoelectric sensors a charge amplifier is necessary. It will be further
explained in section 2.3.2.
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Figure 2.5: Influence of the experimental chain for the measurement of the transfer functions (red).
The blue flat curve at 0 dB is the result of the compensation of the chain’s response. Ideally, in
a measurement, the influence of the measurement chain has to be compensated not to interfere
with the results.
Figure 2.5 shows the frequency response of the whole measurement chain. This fre-
quency response is used as reference and should be compensated in order to exclude the
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influence of the measuring chain in the results. This is done by closing the chain electri-
cally, so that it does not contain the influence of the sensors and of the actuator. These have
to be compensated independently. This is represented in the shadowed part of figure 2.4.
The last parts of the measurement chain are the sensor and the actuators, both of them
based on piezoelectric ceramics. A very big effort in this work has been made in their
construction, calibration and use, as will be described in the section below.
2.3 Sensors and actuators
The main reasons why such built-in actuators were used are:
1. The possibility to measure the actual transfer function, i.e., with the machine in
mounted position. In this way no further modifications due to dismounting would
occur. For the usually measurements with a shaker, one would have to dismount
the machine to place the electrodynamic exciter exactly where the excitation occurs
(bearing position) in the contact between rollers and races, thoroughly changing the
operational situation.
2. Extent of the frequency range of the excitation up to around 70 kHz. This would
again not be possible with a normal shaker or modal analysis, which is able to go up
only to some kHz.
One should keep in mind that the two reasons exposed above are coherent to the ap-
proach adopted in this work and already exposed in the introduction: to treat the machine
as a system (or a ’filter’, as referred in the system theory) to be identified, subjected to ex-
citations due to the movement of its components and responding to this excitation with an
output, altered by the system’s characteristics. Ideally, this ’filter’ or ’black box’ should be
identified as close as possible to the real situation (mounted machine), therefore justifying
the whole effort in building the actuators out of the bearing’s rollers.
2.3.1 The piezoelectric actuators
The actuators were built by cutting one of the rolling bodies in three parts with a wire
electro-discharge machining process. This technique allows a very precise cut and appro-
priate resulting surfaces that are rough enough to grip when glued and plane enough not to
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uneven stress the ceramic when load is applied. The middle part was then substituted for
a sandwich made of two piezoelectric ceramic glued to a copper electrode between them.
The two remaining metal caps were added to obtain again the original form of the rolling
bodies.
The material of the ceramic is the lead zirconium titanate (PZT)3. This ferroelectric
material is produced in form of a powder and is sintered to various forms and dimensions.
At this stage, the crystalline structure is not already oriented. This is done by heating the
material and simultaneously applying a very strong electrical field (≈ 100kV/cm). When
the material cools down, it keeps this polarisation, responsible for the piezoelectric effect.
This procedure should happen above the so called Curie Temperature 4. For the PZT used
for the actuators this temperature is around 285◦C.
The use of barium titanate (BaTiO3), as used in [Rei04, Ste02, MJB+03] was abandoned
in favour of the lead zircon titanate. This last material has much better properties that eases
its handling, like the bigger Curie Temperature (285 against 110 ◦C) and more than three
times bigger d33, only to mention some of them.
The glue used to fix the parts of the actuator is the ELECOLIT 3012 with 75 percent
silver. This is important to guarantee the electrical conductivity. It is very important to
clean and free the surfaces to be glued from fat and dust. Also, no glue should end on the
side of the plates, in order to avoid short-circuits. The use of protection glasses, gloves
and breathe protection is also recommended, since this two component glue is very toxic
for skin and lungs and, according to the manufacturer can also cause death. After glueing,
the hardening process take places by ’baking’ the actuators for two hours at a controlled
temperature of 50◦C (far below Curie Temperature), following the recommendations of the
manufacturer [Ren06].
Electrical cables were solded beforehand to avoid extra heating of the ceramic and con-
sequent depolarization. As the actuators had to be fitted in the cage and mounted again in
the bearing, their dimensions should match those of the original rolling body, or at least
should not be much bigger as they are. Small modifications on the cage (to position elec-
trical connectors) and also some grinding of the ceramic was necessary to make the fit. In
3Density ≈ 7750 kg/m3, strain in thickness direction d33 ≈ 500.10−12 m/V (for 20◦C).
4Named after Pierre Curie (1859-1906), french physicist, winner of the physic Nobel Prize in 1903, to-
gether with his wife Marie. The Curie temperature of ferromagnetic materials is the temperature above which
these materials looses their ferromagnetic abilities. In analogy, by piezoelectric materials it is the temperature
above which, they loose their spontaneous polarization and therefore their piezoelectric characteristics.
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this last case, the grinding was made per hand and extremely slow to allow cooling of the
material and avoid the effects of high temperature.
The effect of the actuator can be doubled if it is built as a double plate with correspond-
ing polarisation pointing in opposite directions. In the middle, the voltage signal will be
sent and the opposite surfaces work as earth poles. The construction of the actuators fol-
lows the same process and care already described in other publications. For a complete
description, as well as data, the reader is referred to [Rei04, MJB+03, Ise06a, Ren06].
Figure 2.6 below shows the aspect of both cylinder and spherical actuators.
Figure 2.6: Cylindric and spheric actuators made by cutting a rolling body into three pieces and
replacing the middle part through a ’sandwich’ of piezoelectric ceramics.
The frequency response of the surface velocities of both actuators, obtained by the
calibration procedure, is shown below. Below 1 kHz no repeatable signals can be measured.
In this range, not much energy can be generated by the piezoelectric ceramics. For very
high frequencies, the curves don’t show a constant slope. This is an effect of how the
actuators were supported (see section 2.3.3). Nevertheless, the curves follow the theoretical
rising trend and show a very good reproducibility. The tendency shown in figure 2.7 can be
expected to extend itself for higher frequencies also.
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Figure 2.7: Frequency response of both actuators showing rising tendency over a relative broad
band range.
An important point is the mounting of the actuator in the bearing. It should be always
positioned so that the direction of action coincides with the radial direction. The precise
adjust in the bearing should also be warranted in order to allow a good contact all over
the measuring angles. This is not an easy task, especially due to bearing clearances and
the effects of radial loads. Although difficult, the correct positioning was guaranteed in all
measurements.
2.3.2 Development of built-in sensors
Generally speaking, the principle of construction of the sensors is just the same as in the
actuators. They were also made of a ’sandwich’ of two piezoelectric disks with a copper
electrode between them. A special conductive glue was used. Care was also taken to cover
the surfaces equally with the glue mixture avoiding short-circuits due to the conductive glue
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linking both sides. Soldering of the copper electrode took place before the piezoceramics
were glued and the polarization direction of the two disks are in opposition in relation to
the electrode to double its effect. A hardening time of 2 hours in a temperature controlled
ambient (50◦C) was also observed. A figure of the ready to use sensors is shown below.
Figure 2.8: Glueing and mounting of the piezoelectric sensors. They were made following the
same principle of the actuators.
As expected, the corresponding frequency response follows the same tendency as in the
case of the actuators. Its construction principle is the same as for the actuators.
In the case of the sensors, no metal caps were glued and the original form of the com-
mercial ceramic was kept, i.e. no extra grinding took place. This is an essential difference
between these sensors and a normal acceleration sensor. The last one have a seismic mass
and are made to deliver an electric tension proportional to the acceleration.
The construction, calibration and development of the measuring system to be used with
the custom-made sensors was done by [Ren06]. In the same way, [Gie06] developed and
tested a mechanical construction that allows obtaining the response of the sensors under
different loads and, at the same time, investigates alternatives for its mounting on the cas-
sette. The relevant details will be summarised below.
Charge amplifier
The signal delivered by the piezoelectric sensors is very small. The sensor has a high
resistance, as it works as a dielectric. The voltage signal cannot be directly used and a
different measuring principle has to be used. In fact, one can use the charge accumulated
on both sides of the sensor as physical quantity to be measured.
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Figure 2.9: Frequency response of the piezoelectric sensors.
A charge amplifier is basically made of a DC amplifier with high input impedance.
Parallel to it, a capacitor with a capacity Cg is attached, through which the input impedance
will be brought to zero, maintaining the high isolation resistance high. The charge Q that
accumulates on the surfaces of the piezoelectric element due to a change in the polarisation
can be measured as a voltage signal U.
It can be proven [TG80] that, for an ideally infinite amplification factor, no resistive and
capacity influence of the sensors and cables are present. Therefore, the voltage decrease is
proportional to the charge (U = − QCg ).
This is very advantageous, since different amplification ranges can be used by properly
choosing the capacity Cg. As mentioned, even in real charge amplifiers, no other element
like cables and the sensor itself will be important. A charge difference due to a change in
the polarisation originated from the compression of the ceramic can be directly measured
as a voltage signal.
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A charge amplifier with different amplification factors was built and used in the tests.
The measuring chain does not change too much from the one shown in figure 2.4. In this
case, the sensors are attached to the charge amplifier and the voltage signal goes further to
the amplifier, low pass filter and to the data acquisition board.
Mounting on the machine
The construction of the piezoelectric sensors was made so that they could be mounted near
the bearing. However this is not a straightforward task as could be imagined.
Ideally, the sensor should be mounted as near as possible to the outer ring of the bearing.
An attempt to access the influence of the bearing by measuring near the source was made
by Holm-Hansen and Gao [HHG00], who cut the outer ring and mounted a force sensor
into it. The difficulty was that in the point where the outer ring was cut, a difference in
stiffness appeared and every time a ball goes through this point, the deformation due to the
lower stiffness was very big. As a consequence, the vibration due to rolling was very small
compared to the amplitude of the modulation. Therefore, changing the bearing to put a
sensor in it would alter its characteristics and to measure reliable and usable signals could
be difficult. For that reason, it was decided not to change the bearing, but to try to bring the
sensors as close as possible to it.
Mounting it directly over the bearing would also not be possible because of the cur-
vature of the outer ring. Under load, the very sensible sensor, would break. It had to be
mounted between plane surfaces, and these surfaces should be free of unevenness5.
The best solution would be to keep the distance between sensor and outer ring to mini-
mum and not to drill the whole cassette. However, there was no available tool (the machin-
ing was done with a top mill) that was long and stiff enough to guarantee the quality of the
surfaces on the bottom of the hole. This was especially a problem for the long hole in the
0◦ position. For this reason, passing holes were bored and the metal bits had a minimum
length of 5 mm (minimum length to allow them to be held and machined by the turning
machine). Although the distance to the outer ring was increased to 5 mm and that the cas-
sette had to be drilled, no extreme influence on the transfer functions were to be expected,
at least in lower frequency ranges. It is less drastic than to have to alter the cassette to
5During the first tests, even the smallest unevenness or dirty particle was enough to break the sensors
under load. Therefore, the surfaces of the small metal bits that are in contact with the sensors have been
machined to a roughness in the range of some microns to guarantee a good contact between the sensor and
the metal bits.
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allow the accelerometers to be mounted over the outer ring (this would not even be possi-
ble as no possible solution would allow the application of the radial load without changing
drastically the shape of the cassette).
Figure 2.10 shows the aspect of the modified cassette and a sketch of the mounting of
the sensors. The small sphere was used to improve the force transmission to the sensors and
to avoid that an asymmetry or an inclination of the screw could break it. The screw on the
opposite side was used to give a certain mounting force, important to assure that the sensor
would not rattle. The piezoelectric sensors are sensible to the mounting torque. To assure
exactly that all the sensors had the same torque was very difficult, even by controlling
the torque on the mounting screw. Further, when the radial force was applied, the force
distribution changed, changing also the condition in which the sensors operate. This was
not possible to avoid, since it belongs to the system. This is one reason why the absolute
amplitudes of the measurments could be a little distorted. The solution used to allow at least
a qualitative evaluation of the signals was to fix a mounting position for all sensors. It was
done by glueing the mounting screw after mounting. In this way, the same experimental
condition was assured for the whole evaluation.
At last, the small window and the grooves on the cassette were made to allow the
mounting of the sensors from the side and to pass the cables. The mounting was somewhat
tricky and lot of care had to be taken not to brake the sensors. In fact, future developments
should include the design of an integrated unit to ease the mounting.
One last comment has to be made in relation to the number of sensors. The ideal
solution was to distribute sensors all over the outer ring to be able to measure the excitation
signals in different regions of the bearing. This would require very big changes to the
cassette, apart from the difficulty to machine so long holes in angle. Not to mention the
increase in the complexity of a first evaluation. The number of sensors had to be reduced
and positioning them in the 4 quadrants seems to be reasonable. On the lowest position of
the cassette it was not possible to mount it because not enough space for the metal bits and
mounting screw was available. This position was abandoned, but it seems not to be very
drastic, since the opposite side of the load zone usually has big mechanical clearances and
does not contribute much to the overall signal [MJB+03, Rei04]. The three other sensor
positions were evaluated and the results are shown in chapter 3.
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Figure 2.10: Sketch of the mounting of the sensors and the aspect of the modified cassette.
2.3.3 Calibration of sensors and actuators
The last important step to be made before the sensors and actuators are ready to use is to
calibrate them. The calibration procedure involves the determination of the exact velocity
or force imposed from the actuator to the machine in dependence to the current and voltage
in its electric connections. Conversely, the sensors should be calibrated in order to derive a
relation between the physical quantities like acceleration to the voltage delivered by them.
All the calibrations used a very precise laser vibrometer to measure the surface velocity.
It is shown in figure 2.11. The object to be measured (sensor or actuator) is suspended in a
special support. This support clamps the device in three points and decouples it from exter-
nal vibrations through rubber elements. This way of clamping profits from the symmetry
of the arrangement and of the construction in form of opposed polarisation, as mentioned
above. Nevertheless, the rubber clamping showed to have a slight influence on the fre-
quency range above 50 kHz. Above this frequency, some deviation of the general tendency
was noticed in all the calibrations. This was also slightly different depending on how the
object was attached (Figure 2.7).
The actuator can be verified to be an ideal velocity source. This means that, when
mounted in the bearing and under load, no noticeable difference between the behaviour
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Figure 2.11: Assembly to the calibration of sensors and actuators showing the laser vibrometer and
the support for the object being measured.
measured in the unloaded situation (situation of the calibration) and in the built-in situation
is noticed.
For this analysis, an electromechanical analogy is used. In this analogy, the mechani-
cal force F is equivalent to the the voltage U; the velocity V is equivalent to the electri-
cal current I. Consequently, capacitors and inductors can be seen respectively as springs
and masses [Vor06b]. The mechanical impedances ZM = FV are analogue to electrical
impedances Ze = UI .
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Figure 2.12: Impedances on the contact between actuator and races and the equivalent electrical
circuit.
When considering the two races compressing an actuator under a certain load F, it can
be thought that the actuator is mechanically coupled to the races through the contact area.
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In the same way, there exists a coupling between the races and the cassette. Both can be
modelled as an impedance ZR. Additionally, the source inner impedance Zs(F) also exists
and a comparison between them has to be made. Figure 2.12 shows the relevant impedances
and the equivalent electrical circuit.
Both coupling impedances are in parallel in the equivalent circuit diagram and the
overall mechanical impedance is ZM(L) = Zs(F) ‖ ZR = Force/Velocity. The mechanical
impedance is expected to be dependent on the load applied to the bearing, as it depends
on the coupling between actuator (rollers) and races. It is not possible to measure the me-
chanical impedance directly, because this had to be made directly on the contact. For this
purpose, a electro-mechanical analogy is used [Vor06b]. This analogy relates the forces to
voltages and currents to velocities. It is therefore possible to determine forces and velocities
by indirect measures of current and voltage.
This makes the determination of the mechanical impedance ZM possible by measuring
a electrical impedance Ze in the electrical terminals of the piezoactuator.
In [MJB+03, Rei04] measurements of the electrical impedances are made for the de-
termination of the mechanical impedance, and therefore, the dependence between velocity
and voltage is obtained. It is proved that the mechanical impedance is dominated by the
contact compliance of the contact, and is little influenced by the compliance of the ceramic.
More than that, the compliance of the contact is also very small, since the contact area is
very small and changes very little in the load range used in the tests (not to mention that the
compliance of metals is also very small). This means that the piezoelectric ceramic, and
therefore the actuator, can be considered a mechanical source with high source impedance.
The hypothesis of the actuator working as an ideal velocity source can be verified
through the rising slope of 20 dB/decade of the velocity curves. In the electromechani-
cal analogy, the compliance is related to the capacity, which is inversely proportional to
the impedance (ZM(F) ≈ Zs(F) = 1jωns(F) ). As stated above, impedances and velocities are
inversely proportional.
The piezoelectric sensors profit from the same fact. As they are very stiff (small com-
pliance) compared to the surrounding material of the cassette, they will not influence its
surrounding and can be considered also as ideal receivers.
The calibration procedure for the actuator consists in measuring the velocity in the
unloaded situation. The measurement chain is as shown in figure 2.4. The results for
both actuators follow the same behaviour (see figure 2.7). With this calibration curve it is
possible to compensate the influence of the actuators.
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Figure 2.13: Detail of the support used in the calibration showing the fixing points and the rubber
elements used to decouple vibration. In this case, a detail of the back-to-back calibration of
the accelerometer. On the right side, the velocity spectrum of the signal measured by the laser
vibrometer on the surface of the ceramic used for the calibration of the accelerometers.
The commercial accelerometers used are designed for an optimum use up to around 10
kHz and would principally not be adequate for the use in higher frequencies. They were
therefore calibrated in a back to back arrangement following the guidelines of the ISO
16063 [ISO99]. Figure 2.13 exemplifies this case and shows also the velocity spectrum
of both accelerometers. Here, apart from the acceleration delivered by the sensors, the
velocity on the surface of the piezoceramic was also measured. From both signals it is
possible to obtain a correction curve velocity/acceleration to be used to compensate the
influence of both of them. It can be seen that, above its usable ranges, some resonances
appear, however, the results have good repeatability and the compensation curve remained
stable. This indicates that it is possible to extend the frequency range of the sensors through
the compensation curves.
In the case of the piezoelectric sensors, the reciprocity principle was used for the cali-
bration. Instead of applying a known force or velocity and measuring the voltage produced
by the sensor, a voltage signal was imposed and a velocity signal was measured by the laser
vibrometer. The reciprocity principle guarantees the compatibility between both. It can be
seen in figure 2.9 that the velocity spectrum follows the same tendency of the actuators.
In all the measurements made, a sweep was used as an excitation signal. Details about
it can be found in the next chapter.
Chapter 3
Machine Transfer Functions -
Experimental Results
This chapter presents the results of the experimental determination of the transfer functions.
As mentioned before, they are extremely important for the identification of the influence of
the machine over the signal produced by the bearing.
3.1 Measurement procedure for the determination of the
Transfer Functions
The measurements of the transfer functions used a sweep as excitation signal. The use of
sweeps has some advantages over other procedures, like a better signal to noise ratio and no
abrupt change of values as in the maximum length sequences (difficult to be mechanically
reproduced by the actuator). Not to mention that it does not introduce harmonic distortions
to the signals [MM01].
The sweep was ’tailored’ for the use with the piezos. Many iterations were necessary
until the best compromise was found in terms of quality of the signal, quality of the res-
ponse and size of the data. The frequency content of the excitation signal is from 1 Hz to
80 kHz and it has a sampling frequency of 400 kHz.
As mentioned before, two accelerometers, positioned over the cassette, together with
three piezoelectric sensors were used for the measurements. An actuator (cylindrical or
spherical), mounted inside the bearing was used to generate the excitation. Altogether, 34
angular positions over the whole circumference of the bearing were measured. The choice
for 34 positions was made because of the cylinder rolling bearing. It was the first one to
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be measured and it possesses 17 rolling bodies. The idea was to measure, starting at 0◦
at the 12 hour position, with the actuator in all the places where a rolling body could be
found and also between them. Of course this is a simplification, due to the limited number
of positions. However, this is a good compromise with the total number of measurements
to be done. After all, it was noticed that the difference between adjacent positions was
not as large as the differences between opposite ones. The same 34 positions were also
maintained for the measurements with the ball bearings.
Four different radial loads were applied to both bearings for the measurements: 0, 8,
16 and 32 kN. The only exception was the ball bearing, whose biggest load was 29 kN.
This is, according to catalogue, the maximal static load that can be supported by this kind
of bearing without indenting its surface [FAG99a]. For the cylindrical rolling bearing, as it
should be expected, the maximal static load is higher (around 43 kN).
In total, two types of bearings, 34 different angular positions of the actuator and four
radial loads results in 272 measurement situations only for the determination of the transfer
functions. All the measurements were performed for the five sensors (two accelerometers
and three piezoelectric sensors near the bearing), summing up 1360 files with measuring
data.
The measurement procedure consists of sending the excitation to the machine through
the actuators and simultaneously acquiring it with the sensors. To profit from the high
sampling frequency (400 kHz for all acquired channel), the measurements had to be made
in two parts, the two accelerometers and the three custom-made piezoelectric sensors. The
quality of the signal was improved by making 16 averages and the repeatability was quite
good. It should be said that the quality of the signal was reasonable and that no big differen-
ce was achieved by making a huge number of averages. Tests with the same measurement
in two different days showed the same results and 256 averages brought no noticeable
improvement compared to 8 or 16 averages.
During the test the machine does not rotate. The movement may be responsible for
some changes and have also other important influence parameters like temperature, elastic-
ity of the supports, dynamic effects etc. However, due to the cables and the exact position-
ing of the sensors, the transfer functions exposed here corresponds to the static case.
The next section shows a selection of a few results that illustrates some of the principal
features of the transfer functions.
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3.2 Determination of the static transfer function
Figure 3.1 shows the transfer functions for the two accelerometers positioned on the cas-
sette for the cylindrical actuator in the 0◦ position and the load of 8kN. The graphic is
shown in the range of 1kHz to 70 kHz. In low frequency ranges (<2 kHz), as mentioned,
a poor signal quality of the actuator did not deliver good results. Above this frequency,
no information was captured because of the limitations of the measuring chain (thus the
cutting frequency of the low pass filters).
103 104
−100
−80
−60
−40
−20
0
Frequency (Hz)
M
od
ul
us
 (d
B)
Accelerometer, 0°, 8kN
Sensor 1
Sensor 2
Figure 3.1: Modulus of the transfer function for the two accelerometers positioned on the cassette
for the cylindrical actuator in the 0◦ position and the load of 8kN
The first thing to be noticed is that both curves present many resonances and anti-
resonances. The wave propagation inside the machine is very complex and this complexity
is depicted in figure 3.1. The range up to around 10 kHz presents well defined modes, whilst
the range above 10 kHz already presents a high density of modes (wavelengths starts to be
comparable to the major lengths of the metal block). To model an equivalent system would
be very difficult and the effort in obtaining the transfer function is somewhat justified.
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The results show that the general tendency of both curves are similar, as it would be
expected in this symmetric position. However, both curves retain different particularities.
In the range where mode densities are higher, the reverberation pattern in the machine is
very complicated and the curves deviate from each other, not only in amplitude but also
in the position of some particular modes. Asymmetries on the machine, together with an
odd distribution of stress in the loaded cassette could be possible causes of the difference
between the results of both sensors.
The resonances seen here are not only resonances of the machine housing, but also from
all other parts, the bearing inclusive. In [Rei04] a numerical analysis of the bearing in a
free-free condition was done. This analysis could identify some modes of the bearing that
are again reproduced in the new measurements of the transfer functions. For example the
peak at around 3.5 kHz and the other around 4.6 kHz could be associated to higher modes
of the outer ring. Small modes, captured by sensor 2 around 6,7 kHz, belong to the inner
ring, whilst theoretical frequencies belonging to the roller are on the range above 30 kHz.
The modes around 11 kHz can be associated with the eigenmodes of the machine housing.
Assuming a sound velocity in metals of about 5500 m/s, and the dimensions of the metal
block of 26.5 x 22.0 x 25.0 cm, frequencies of about 10.3, 12.5 and 11.4 kHz are obtained.
They are also depicted in figure 3.1.
Figure 3.2 illustrates the radial load dependence of the signals measured for the 0◦ po-
sition for spherical and cylindrical rolling bearings. For 0 kN, the spherical rolling bearing
shows a poor mechanical coupling and therefore, a low amplitude signal. At its turn, the
cylindrical rolling bearing, at the same load condition, shows better results for this load.
This is due to the fact that the line contact, characteristic of the cylindrical actuator, pro-
vides a better coupling than the point contact in the case of the sphere. With the increase
of the load, even for the spherical actuator, the coupling is good enough to deliver better
results.
The cylindrical actuator shows also an interesting variation of the mode around 3 kHz.
As mentioned before, this can be associated to its outer ring vibration mode. With higher
loads, the outer ring deforms and changes its frequency. The effect is similar to an increase
on stiffness. For higher frequencies the difference between the various loads seems to have
only marginal effect on the transfer functions. In the case of the spherical rolling bearing,
the mode around 2 kHz is less influenced by this effect. This is perhaps due to the concave
inner form of the race, that makes the outer ring stiffer to deformations. Again, the effect
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Figure 3.2: Radial load dependence of spherical and cylindrical rolling bearing for the 0◦ position.
on higher frequencies was relatively small.
The dependence on the angular position of the actuator shows the expected result for
the spherical rolling bearing (see figure 3.3), i.e. the level gets lower moving around the
bearing, away from the maximal load (at 0◦). The result under 4 kHz tend to get very bad
when going away from the load zone. With the deformation of the bearing under load, the
coupling between races and actuator tends to get worse for angles between 90◦ and 270◦. In
a simplified analysis, it could be thought to consider only the transfer functions in the angle
range from -90◦ to +90◦, since outside this region the contribution to the overall system is
around 30 dB lower than in the range mentioned. In fact, it is expected that around the load
zone, where the rollers are more compressed, the interaction with the races should be bigger
and more energy in term of an excitation imposed to the machine should be generated in
this zone. The simplified analysis was not made here and the question about how much
uncertainty could be caused due to this simplification remains to be answered.
For the cylindrical bearing in the case shown, even around 90◦, comparable amplitudes
to the case of 0◦ can be seen. The shape of the transfer function is different. Different
to what would be expected, the amplitude did no decrease in this case. At one hand, it is
known that the bigger contact provides a better mechanical coupling of the actuator with the
races. On the other hand it may indicate that the deformation pattern in the case analysed
can be even more complex than assumed and has an extra influence on the system. Effects
like torsion or bending could have had an influence in providing a better coupling, even
away from the load zone. On the opposite side (180◦), very low levels confirm that the
actuator is out of the load zone.
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Figure 3.3: Angular position of the actuator dependence of spherical and cylindrical rolling bearing.
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Figure 3.4: Comparison between spherical and cylindrical actuator for 8 kN and position 360◦
(equal to 0◦)
Another interesting comparison is the behaviour of cylindrical and spherical actuators.
They are plotted in figure 3.4 together with the difference between them for the angle 360◦
(a repetition of the measurement at 0◦). What is noticed is that, at least for this angle,
the tendency of both curves is generally the same and only for frequencies higher than
40 kHz the deviation seems to be a little bit bigger. Considering also that the difference
between them is relatively flat, it could be inferred that the curves really represent the
transfer functions of the machine itself and that the source itself does not have big influence
on it, at least regarding the general tendency. Nevertheless, this affirmation is not absolutely
true, since sensitive differences in particular frequencies can be noticed. Parameters like
the bearing’s deformation under load or differences on the mounting can lead to small
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deviations of the resonances. Not to mention that reflections do also take place in the
bearing and shaft, being also responsible for the deviations depicted in figure 3.4.
Figure 3.5 presents an overall view of measurements done in the cylindrical rolling
bearing over different angles and different radial loads. The behaviour mentioned for the
load zone is well depicted for all 4 radial loads. Similar results were also obtained for the
spherical rolling bearings.
Figure 3.5: Frequency dependence measured by accelerometer 1 over all angles and for 4 different
radial loads for the cylindrical rolling bearing
Additional information can be gained with the analysis of the signals of the custom-
made piezoelectric sensors. As mentioned before, they were mounted in three different
positions on the cassette (0◦, 90◦ and 270◦) as close as possible to the outer ring of the
test bearing. Figure 3.6 shows the transfer functions measured by the piezoelectric sensor
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positioned at 0◦ for the two types of bearings. In both cases, the actuator was also placed
in the position 0◦ and the radial load was 16 kN. The first thing to be noticed is the flat
behaviour of the curves for lower frequencies. This is an indication that the excitation pro-
duced by the actuator is nearly completely being captured by the sensor that is positioned
very near it. Actually, considering the wavelengths going from a few centimetres to some
metres in the range analysed, it is seen that no or very small influence of the surroundings
take place. However, it can be seen a antiresonance followed by a resonance in both cases.
For the cylindrical bearing it is present in a higher frequency. This may be caused by some
other coupled system able to vibrate, whose frequency seems to be dependent on the kind
of coupling between races and actuators and also on the compression load over the sensor.
One hypothesis to explain this behaviour is to consider the mounting of the piezoelectric
sensors. It uses metal caps, a small sphere and is subjected to a compression from the
mounting screw. It seems that this mounting may give extra elasticity to the system. Fre-
quencies above this resonance show less density of modes as in the comparison made with
the accelerometers.
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Figure 3.6: Transfer function measured with the self made piezoelectric sensor at 0◦ for the two
types of bearing. In both cases the actuator was positioned at 0◦ and the radial load kept at 16
kN.
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The hypothesis of the extra elasticity, influenced also by the mechanical coupling and
the screw fastening torque, seems even more plausible if one looks at the behaviour of the
radial load over the transfer functions showed in figure 3.7 for the 360◦ position (repetition
of the 0◦ position). The position of the resonance (and respectively the position of the first
minimum) go to higher frequencies (compare cylindrical rolling bearing at the right side).
The increase in load also increased the level, however no sensible change can be noticed
between 16 and 32 kN.
The flat curve may indicate that the sensor is moved as a unit, just like the behaviour of
a one-degree-of-freedom system far below its resonance (dominated by the elastic forces).
The mounting seems to be very soft, even softer than compared with the situation where
the cassette is made of full metal.
In fact, during the mounting of the piezoelectric sensors, some of them broke because
of the exaggerated fastening torque of the mounting screw. It was then tried to carefully
fasten them and to keep this situation, whenever possible, throughout the whole evaluation.
Nevertheless, variations of torque (and therefore the compressing load) could have occurred
and consequently differences in the results appeared. It seems, at least for the sensors
mounted near the bearing, that load is a rather sensitive variable.
The spherical bearing did not show a coherent behaviour with load like the cylindrical
bearing. Apart from the reasons exposed, the correct positioning of the spherical actuator
in the radial direction could also have influenced in its coupling with the races and on the
results.
In fact, the mounting described in section 2.3.2 was a good alternative to bring sensors
near to the bearing. The use of commercial accelerometers would not be possible due to
their sizes, cables and the radical modifications in the cassette that would be necessary for
their mounting.
Figure 3.8 shows the dependence on the position of the sensors around the outer ring
for a fixed radial load of 16 kN and the actuator again at the 0◦ position. The behaviour
of the transfer function at the 0◦ position was already cleared. It is interesting to notice
that the curves for the sensors at 90◦ and 270◦ show various resonances. Although, as it
would be expected (due to the direction of the vibration), their levels are lower, a different
behaviour than the one described above can be seen. Characteristic resonances of the trans-
fer functions can be seen. Also a correspondence between them is visible in all the three
curves. This may be an indication that even very near to the bearing, a complex sound field
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Figure 3.7: Variation with the radial load for the sensor and the actuator at the 360◦ position.
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Figure 3.8: Dependence with the position of the sensor for the actuator at 0◦ and 16 kN radial load.
is established and the modal characteristics of the surroundings already have determining
influence over the signal and is captured by the sensor. In practical situations, it would
mean that the influence of a change or a particularity on the bearing like a defect, will have
to overcome in amplitude the influence of the machine modes, or have different frequen-
cies, to be able to be detectable by the measurements with the accelerometers. In this case,
the severity of the defects should already be big enough so that its signal can be noticed in
the measured signal.
Final comments on the results
The experimental determination of the transfer functions was an extremely laborious task.
The dependence of the load to the angular position on the bearing, together with mounting
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and dismounting the machine, multiplied the experimental effort and made this tedious
procedure necessary. The main points of this evaluation can be summarised as follows:
• The transfer functions show a rather complex modal structure. In lower frequencies,
some structural modes could be identified, whilst in higher frequencies the number
of modes increase and a statistical modal superposition takes place.
• The measured transfer functions depict the physical expectation concerning the in-
crease of load and the behaviour according to the position of the actuator. This eva-
luation seems to be plausible.
• Even in symmetric positions and mostly at the range with a high density of modes, the
influence of the structure was noticeable in the signals of the two sensors positioned
on the top of the cassette.
• Increasing the radial load has the influence of moving some peaks to higher frequen-
cies due to the increase of stiffness. The high frequency range was not affected.
• No big changes between adjacent angles compared to opposite angles were verified.
It means that a future evaluation could increase the angle between measurements and
still make a good approximation of the situation around the bearing. The load zone,
however, should be well evaluated.
• The quality of the measurement is influenced by the mechanical coupling between
the actuator and the races. In the load zone, the coupling was naturally better, and
more precise results were achieved. Going away from it (around 180◦) influenced the
quality of the results negatively.
• The transfer functions determined with the two actuators showed to be slightly diffe-
rent. Although the position of the resonances and the tendency of the curves are the
same and the machine is also essentially the same, different configurations of the
bearings could still be responsible for some differences on the transfer functions.
• Further differences between the behaviour for cylindrical or spherical rolling bearings
could be the different type of contact to the races (line or point) and also the number
of rollers. This leads to a difference in the supporting points and therefore in the
distribution of load.
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• The built-in piezoelectric sensors near the bearings are very sensitive to the condition
of the mounting, especially to the fastening torque. Their mounting seems to be very
elastic, even softer than the coupling between actuator and races.
• The complex wave field inside the machine could be depicted from the piezoelectric
sensors. The modal structure of the machine can already be sensed near the source
and the correspondence of resonances indicates that this influence is independent
from the position in the structure and from the distance to the sensor.
• The measurements are somewhat sensitive to the measuring conditions. Mounting
and dismounting was sufficient to cause small changes on the results for the same
load and angular positions. These changes were not on the position of the resonances,
or on the general tendency of the curves, but more on some small modes that were
more or less excited and showed different amplitudes or even disappeared in some
measurements.
• Much effort was made in adapting the measuring chain with the equipment avail-
able. This included extending the frequency range of components beyond the recom-
mended in other to achieve higher frequency ranges. This is not an ideal situation.
Although out of the nominal operation range, the behaviour of the equipment showed
to be stable and therefore a compensation through the reference measurement is jus-
tified and improves the quality of the measurements. Further evaluations should
employ equipments already optimised for this broad frequency band.
• Although not evaluating effects like temperature, dynamic effects etc., the transfer
functions measured in the static case are assumed to well depict the influence of the
machine over excitations generated inside it.
Chapter 4
Physical Model
This chapter describes the development and use of the dynamic model of rolling bearings.
It focuses on the excitation produced by the rolling movement in bearings and has the
objective of producing a time dependent description of its structure-borne sound and, thus,
a velocity to be fed into the transfer function described in the previous chapter. Some of
the ideas presented here, especially the ones concerning the modelling of the contact, are
inspired in the rolling motion in the wheel-rail problematic (see, for example, [Tho93a]
parts I to V). Perhaps historically, or because of the spread use of railways, much of the
contact theory was initiated and aimed at wheel-rail contact. Nevertheless, the rolling
contact of rough surfaces is not only useful in these cases, but much of this development,
given the required modifications, can be adapted to the case of rolling bearings.
The first step to understand how the excitation due to the rolling contact is produced,
is to look deeply in what is happening in the contact, i.e., the regions where the surfaces
are matching each other. This goes inevitably through the analysis of how the surfaces
are shaped and how their roughness is distributed. This is done in the first part of this
chapter: an analysis of surface descriptors, its advantages and limitations and finally, how
it is measured and processed.
The second part of the chapter concentrates on the model itself; the classical theory of
smooth contacts, how the interaction between the surfaces really takes place, how it can
be described and how it can be combined with the dynamic of the bearing to form the
excitation signal.
A literature review and situation of the approach adopted in comparison to existing
models is done separately for the two pats.
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Later in the chapter, lubrication is added to the model to correspond to the real situa-
tion and some words are spent with the software package developed for the calculations.
Finally, as a further advance, the idea of auralisation of such signals is presented and its
consequences for future investigations are discussed.
4.1 Classical contact model
The historical paper from Hertz 1[Her82] can be considered as the first consequent approach
to the analysis of the contact between two surfaces. Assuming a smooth contact, Hertz
correctly recognised that the bodies deform around the contact. Some additional hypothesis
allowed him to calculate forces and deformations. His results are extremely valuable and
his theory proved to be an accurate description of the elastic contact between frictionless
surfaces.
Consider two concave bodies with radii R1 and R2 in contact with each other under
a load F (figure 4.1). They are subjected to small deformations δ1 and δ2, due to which,
contact forces arise. Both bodies will deform differently depending on their material cha-
racteristics2 like the elasticity modulus of the surface E and the Poisson ratio ν.
z
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d1
d2
2a
F
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R2
Figure 4.1: Left: smooth contact of two surfaces showing the deformation δ of each of them. Right:
theoretical ellipse of contact and maximum theoretical force p0 (taken from [Joh85]).
According to his observations, Hertz suggested that the form of the contact area would
be elliptical and that a parabolic distribution of force would take place inside it. The maxi-
mal load p0 is reached in the centre and falls quadratically to zero in the boundaries of the
1Hertz developed his theory while studying Newton’s optical interference fringes. He observed that
elliptical fringes appeared when two cylindrical lenses were pressed together. He worked out his theory
during the Christmas vacation of 1880 at the age of twenty three [Joh85].
2For steel E ≈ 209 GPa and ν = 0.33.
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ellipsis. The distribution of load over an ellipse with main axis 2a and 2b on the plane x-y
(see figure 4.1) can be mathematically resumed by equation 4.1 below:
p = p0
{
1 − (x/a)2 − (y/b)2
}1/2 (4.1)
The problem is only defined within the boundaries of the ellipse. Outside the ellipse,
the bodies are not in contact and no interaction forces exist.
Hertz assumed that, for the purpose of calculating local deformations, each body can be
regarded as an elastic half-space loaded over a small elliptical region of its plane surfaces.
This simplification, generally followed in the contact stress theory, means that the highly
concentrated stresses are treated separately from the general distribution of stress in the two
bodies which arise from their shape and in the way in which they are supported. This hypo-
thesis is justified when the significant dimensions of the contact area are small compared to
the dimensions of each body and to the relative radii of curvature of the surfaces. Metallic
solids loaded within their elastic limits inevitably comply with this hypothesis. The surface
is also assumed to be frictionless so that only normal pressure is transmitted between them.
The assumption that the surfaces are topographically smooth in the micro-scale states
that load is distributed over the whole contact area, i.e., no discontinuities or highly local
variations in contact pressure take place. On the macro-scale it means that the profiles
of the surfaces are continuous up to the second derivative in the contact region (no sharp
edges, but smooth concave surfaces osculating each other).
The elasticity problem now reads: Find a distribution of pressure p(x,y) (i.e., find p0, a
and b in the parabolic distribution of load) acting over a certain contact area between two
elastic half spaces. Boundary conditions are that the pressure is zero outside the contact
and that the total elastic deformation is the effect of the deformation of both bodies. The
mutual compression load F is generally known.
Since the amount of deformation depends on materials and on the radius of the surfaces
it is convenient to combine them as follows:
1
E∗
=
1 − ν21
E1
+
1 − ν22
E2
(4.2)
1
R∗
=
1
R1
+
1
R2
(4.3)
Choosing a suitable coordinate system, the overall deformation in the contact δ can be
calculated through the contribution of the deformations of each of the bodies δ = δ1 + δ2.
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In the (x,y) coordinate system, the gap between two solids is given as:
h(x, y) = −δ(x, y) + x
2
2Rx
+
y2
2Ry
+
2
piE∗
"
S
p(x′, y′)√
(x − x′)2 + (y − y′)2
dx′ dy′ (4.4)
where the coordinates (x’,y’) used in the integration represent a point in the (x,y) plane
and Rx and Ry the curvatures of the bodies in contact in the corresponding directions. This
expression contains information about the deformation of the bodies (δ), the influence of
their curvature (quadratic terms) and the pressure dependence (integral over the area S,
bounded by the contact ellipsis).
This implicit relation between the pressure and the separation between the bodies in
contact have to be solved simultaneously. Many simplifications and assumptions, lead to
numerical approximations of the integral. However, the two most important results of the
classical contact theory corresponds to the line and point contact from cylinders and spheres
over a plane [Joh85]:
• Line contact (load F per unit length)
a =
(
4FR
piE∗
)1/2
and p0 =
2P
pia
=
(
FE∗ 2
pi R
)1/2
(4.5)
• Point contact (load F)
a =
(
3FR
4E∗
)1/3
and p0 =
3P
2pia2
=
(
6FE∗ 2
pi 3R 2
)1/3
(4.6)
Perhaps the most important fact about the classical contact model, which will reflect on
the development presented in the sequence, is that no information about the microgeometry
influences the load in the contact. For a given material and geometry, only changes in the
overall load F are able to cause a change in the situation of the contact, i.e. in the values of
a, b and p0.
4.2 Rough surfaces
The phenomenology related to the interaction of rough surfaces is handled by Tribology.
Tribology is defined as the science of interacting surfaces in relative motion. In any ma-
chine there are lots of component parts that operate by rubbing together. Some examples
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are bearings, gears, cams and tappets, tyres, brakes and piston rings. All of these com-
ponents have surfaces which come into contact, support a load, and move with respect to
each other. The difference lays on the type of movement (rolling, sliding, bouncing etc.),
the behaviour of the different materials (rubber, metal, ceramic etc.) and the objectives
(low/high friction, retention of lubricant, adhesion etc.). Surface engineering can be seen
as the field where targeted modifications on surfaces are made to improve a certain aspect
or property of it. A simple example is friction, desirable in the case of brakes, but unwanted
in excess for rolling movement of tyres. Ways to change the properties of the interactions,
like lubrication or surface coating, and their effects, like wear, are also a part of the scope
of Tribology.
Describing what is happening in the contact and describing the characteristics of the
surfaces put together, is a tough challenge. Not only due to their variety, but also due to
the difficulty to obtain reliable measurement of what is really happening in the microscopic
level. Although many advances in this field have been done, some key questions like the
description of the surfaces are still open.
4.2.1 Literature review on rough surfaces
The observation that the normal surfaces found in practice are in fact rough, came around
a century later than the contribution from Hertz. In 1966, Greenwood and Williamson
[GW66] published a paper on the contact of nominally flat surfaces. In this paper, the
idea that the contact deformation of the surfaces depend in the reality on their topography
is presented. They go further and establish a criteria to distinguish if the surfaces touch
elastically or plastically.
Before the work of Greenwood, two main problems were of major concern: the area of
the contact spots depends on the radius of the asperities, which is usually not known; and
no reliable prediction of the variation of area with the load was available.
In fact, although the overall stresses are in the elastic range, the local stress at the contact
spots are much higher so that the elastic limit will be exceeded and the contact will yield
plastically. Each contact can be visualised as a small hardness indentation, so that the mean
contact pressure will be equal to the hardness and effectively independent of the load and
contact geometry. It means that, during the contact the asperities may flow plastically at
first, but they must reach a steady state in which the load is supported elastically. This has
important influence in the later handling of the rough surfaces. After the initial running-in
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process it can be assumed that the elastic range was achieved, simplifying the analysis.
This idea was later confirmed by McCool [McC86] in 1986. He also makes a compari-
son of numerical errors of available models and different assumptions about the form of the
asperities (circular or elliptical), the distribution of contacts and finds out the easy-to-use
Greenwood model of contact delivers the best results.
In 1967 Greenwood and Tripp extend the theory of contact to spherical surfaces [GT67]
and in 1984 a unified theory of contact appears [Gre84]. They summarise a main idea: the
classical Hertz theory does not hold for rough surfaces and the micro contact is determinant
in the interaction between surfaces.
The calculation of deformations and loads enables the estimation of subsurface stress
and fatigue analysis [BS91, Joh85]. This was the first important use of the theory of rough
contact. In this work, although the necessary parameters for the fatigue analysis like defor-
mations and contact forces are delivered by the model, the main analysis will be concen-
trated on the dynamic of the bearings.
Engineering surfaces can be very different concerning their fabrication process. This
changes the characteristics of their surfaces and therefore the contact between them. Great
interest arose in trying to verify how this theory applies to real surfaces and to their in-
fluence on the calculation of stress [WS86, PB01, BP02, JNLG02]. It was found that the
calculation of loads, deformation, amount of contact could vary from the prediction made
with the assumptions of a statistical distribution of heights. Nevertheless, the simplicity
and the relative easiness in the mathematical description of these surfaces, spreaded their
use in the literature [PBC02, KA02, PB01, BS91, Gre84, McC86].
The effort in trying to evaluate the contact in real situations had to be followed by
methods and standardisations to measure rough surfaces and to describe them in terms
of their surface characteristics. McCool [McC87] analyses the influence of some surface
descriptors and their adequacy in describing different surfaces according to their function.
Although the surface descriptors are still not adequate to fully describe the complexity of
the rough surfaces, he encourages the roughness profile measurements as the best way to
depict their characteristics. This was recently reinforced in the comprehensive work of
Bhushan and Peng [PB01, BP02], where measurements of the profiles are recommended to
overcome the over-simplification of the statistical parameters.
The profile measurement is nowadays standardised [ISO98e, ISO98a, ISO98b,
ISO98d][ISO98c, Part I and II] and used industrially [San93].
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Some attempts to try to describe mathematically the surfaces through wavelets [JBL02]
or fractals [PBC02] were made, considering that they could be better mathematical descrip-
tors of surfaces. In this last case, the validity of the use of fractals was discussed [Whi01]
and its use considered ’over-hyped’. Greenwood [Gre02] confirms this fact.
It is the opinion of the author that wavelets or fractals represent no major improvement
taken into account the increase of complexity in their mathematical description. Also if one
compares the somewhat acceptable results of the statistical approach or the effort to make
measurements on real surfaces.
Review papers summarise the main advances in the rough contact [McC86, LWL99,
TLL01] in respect to their applications to the different fields of Tribology.
4.2.2 Mathematical description of rough surfaces
The existing number of parameters used to try to describe a rough surface is enormous
[San93, ISO98f, McC87]. They do not only try to describe the height of the profile, but
also the distribution and the shape of the peaks. This is intrinsically not an easy task, as
one can imagine the difficulty of describing the randomness and non-repeatable patterns of
rough surfaces merely with a few numeric parameters. Some of the most used parameters,
described in the standard ISO 4287 (ASME B46.1)[ISO98f] are (for a roughness profile of
length l (µm), height z (µm) and measured over the x direction):
• Ra or simply mean value of the height;
• Rq, the RMS surface height. It is the square root of m0, given below;
• Rz is the mean value of the distance between the highest peak and the lowest valley
when the length of the profile is divided in five parts. Rmax, sometimes used, is the
maximum between this five values;
• Rsk or skewness, is the measure of the asymmetry of the distribution of heights along
the profile;
Rsk =
1
R3q
1
l
∫ l
0
z3(x) dx
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• Rku, called "kurtosis", is the measure of the steepness of the distribution of heights.
Rku =
1
R4q
1
l
∫ l
0
∣∣∣z4(x)∣∣∣ dx
Figure 4.2 shows an excerpt of a roughness profile together with some of the parameters
described before. On the right side is the representation of the amplitude-density curve.
Rz RaRq
x
z
l 0 100%
Figure 4.2: Excerpt of a roughness profile of length l, showing the quantities Ra, Rq and Rz. On the
right the amplitude density curve, showing the profile distribution along the height.
The parameters Ra, Rq, Rz and Rmax are quantitative parameters, whether Rsk and Rku
are both quantitative and qualitative as they also retain information about the shape of the
surface.
It is easy to think about two sinusoidal surface profiles with the same amplitude but
different wavelengths. They will have the same values of Ra, Rq and Rz, but completely
different characteristics concerning, for example, the capacity to support load, the distribu-
tion of contacts or the movement to which a rolling body over them would be submitted.
This contributes to the inadequacy of these parameter to describe uniquely the rough sur-
faces.
It can be seen from the definitions above that the exponents of z in the integrals will
substantially influence the values of Rsk and Rku whenever a single peak or valley is present
on the profile, making them inconsistent and unsuitable for a reliable description of the
surface. A normal distribution, for example, has a value of Rku equal to 3. A very smooth
surface with some sharp peaks can easily reach this value of kurtosis. A negative skewness
means that the maximum of the amplitude-density curve3 lays above the mean height of
the profile. A surfaces with deep small dents is an example of it. These kind of surfaces
3This curve, also known as the curve of amount of material is simply a measure of how much of
material/profile lays above a certain profile height. On the highest point of the profile, the curve has a value
0 and on the lowest point 1.
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can better retain loads compared to surfaces with a “spiky” profile, however completely
different surface shapes also can have a negative skewness.
The spectral moments m0 (m2), m2 (dimensionless) and m4 (1/m2) are also often men-
tioned in the literature (n is the number of samples of the roughness profile):
m0 =
1
n
n∑
i
(
z2i (x)
)
; m2 =
1
n
n∑
i
(
dzi
dx
)2
; m4 =
1
n
n∑
i
(
d2zi
dx2
)2
In the statistical approach, where the additional assumption that the surfaces are
isotropic and randomly distributed, three other parameters can be defined from the spectral
moments: η, the surface density of summits; σs, the standard deviation of the probability
distribution of summit heights and ri, the deterministic (non-random) radius of the mean
spherical summit caps.
η =
m4
32.65 · m2
; σs =
(
1 −
0.8968
α
1/2)
m
1/2
0 ; ri = 0.375
(
pi
m4
)1/2
α =
m0m4
m22
(4.7)
α represents a dimensionless parameter called ’bandwidth parameter’ and indicates that
the summits have in general a lower variance than the surface profile as a whole.
4.2.3 Engineering surfaces
Figure 4.3 below shows the aspect of abstracts of four different surface finishings (polished,
turned, grinded and milled). They were measured to show how sensitive the surface is to
the machining process and how their characteristics can differ from one to another. The
comparison between them is relevant for a parameter study although they will not actually
be found in this form in a real bearing. One should notice the aspect and the scale of each
figure as different machine operations will leave their characteristics on the surface.
In the case of bearings, the different manufacturing stages and finishings can vary sub-
stantially for each type. Unfortunately the exact details of the manufacturing process and
operations used to produce the final surfaces are industrial secrets and could not always be
obtained from the manufacturers. They were therefore measured and assumed representa-
tive for the type of bearing tested. Further information on this subject would be helpful to
try to better characterise bearing surfaces. It is however known (and also verifiable through
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roughness measurements) that bearings surfaces (or at least the ones tested) go through at
least one polishing procedure.
Not only the type of manufacturing process is important, but also the sequence in which
the surfaces are made. A surface that is polished and then turned will have its roughness
first reduced and then present a peak-valley structure similar to the one shown in figure
4.3. Alternatively, a turned surface, that undergoes some further grinding or polishing
process will have (depending on the amount of material removed) its peaks wiped out,
while retaining the valleys (good to retain lubricant and load). The characteristics of the
resulting surfaces will be different as well as their properties.
Figure 4.3: Different surface finishings: polished, turned, grinded and milled
Robbe-Valloire [RV01] tests the distance between asperities, their height and the ra-
dius of the asperity’s summits, among others, as parameters for the description of surfaces
and their variability. He uses normal (Gaussian) and lognormal distributions to describe
the surfaces and make tests with turned, grinded and polished surfaces. He finds out that
the statistical description is a good approximation for the quasi-periodicity of the turned
surface, whilst no good approximation for grinded and polished surfaces due to the high
variability of the results. As mentioned before, it is known that bearing’s surfaces will go
through grinding and polishing at the end of their fabrication process.
To verify the results of Robbe-Valloire, tests with four different surfaces of common
machining processes were made, as well as with a bearing surface. The results are shown
in table 4.1.
The mean value and the associated error of some roughness parameters were calculated
by a set of ten roughness profiles in each of the four different types of surfaces showed in
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figure 4.3. The surfaces were prepared under well-controlled conditions and the profiles
were taken along the same direction4 in a distance of 1 mm from another. One have to keep
in mind that the objective here is to try to find a suitable description of the surfaces as they
correlate with the end state of the bearing’s surface (dependent from running time) as will
be shown in chapter 5.
The results in table 4.1 show that, although controlled conditions for the manufacturing
of the surfaces are kept, the fine structure of the measured final surfaces can vary substan-
tially. The parameters mostly used to describe a surface may substantially vary in value
and are rather spread around its mean value. Therefore, the task of choosing parameters
to characterise the surface is rather difficult - not to mention assuming the hypothesis that
these surfaces have a statistical distribution of heights and that this type of distribution is
still present, even after the bearing is taken into operation. Further tests with ran bearing’s
surfaces did not showed a coherent (monotonical) behaviour of these parameters in respect
to the running time, making even more difficult their use as predictors of the surface degra-
dation. As an example, one can take the values of Rsk and Rku. As mentioned before, the
periodical shape of the turned surfaces contributes for a smaller associated error, whilst for
the other surfaces, these quantitative and qualitative descriptors seems to fail to accurately
describe the surface.
4As recommended in this kind of measurements, the profiles were measured perpendicular to the direction
of the cutting tool. In the case of the bearing, it was made along the race.
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Parameter Polished Turned Grinded Milled New Bearing
Rq [µm] 8.625e − 2 ± 9.1% 1.671e − 4 ± 1.4% 0.6853 ± 9.1% 2.767 ± 16.7% 1.51e − 2 ± 9.2%
Rz [µm] 0.665 ± 21.8% 6.260 ± 3.6% 3.925 ± 11.5% 13.622 ± 17.2% 2.272 ± 14.9%
Rmax [µm] 0.943 ± 33.9% 6.790 ± 9.9% 4.946 ± 16.0% 16.333 ± 21.8% 0.300 ± 18.0%
Rsk −2.607 ± 37.0% 1.639 ± 6.3% −0.299 ± 213.8% −0.381 ± 153.2% 0.306 ± 69.1%
Rku 46.940 ± 50.2% 14.852 ± 2.9% 27.035 ± 23.5% 22.548 ± 10.7% 21.406 ± 14.3%
m0 [m2] 7.493e − 15 ± 18.6% 2.793e − 12 ± 2.7% 4.731e − 13 ± 18.1% 7.845e − 12 ± 32.2% 2.295e − 16 ± 18.4%
m2 [−] 1.207e − 3 ± 7.8% 3.764e − 2 ± 3.8% 1.442e + 2 ± 9.3% 3.013e − 2 ± 36.1% 1.200e − 16 ± 10.5%
m4 [1/m2] 2.519e + 9 ± 4.1% 2.022e + 10 ± 5.1% 1.427e + 10 ± 10.2% 1.045e + 10 ± 30.2% 5.534e + 4 ± 11.8%
η [1/m2] 6.411e + 10 ± 4.5% 1.645e + 10 ± 2.1% 3.031e + 10 ± 3.2% 1.092e + 10 ± 11.3% 1.346e + 9 ± 3.8%
σs [1/m] 8.318e − 8 ± 9.3% 1.652e − 6 ± 1.4% 6.756e − 7 ± 9.3% 2.753e − 6 ± 16.7% 1.422e − 8 ± 9.9%
ri [m] 1.325e − 5 ± 2.1% 4.679e − 6 ± 2.6% 5.582e − 6 ± 4.8% 6.717e − 6 ± 15.6% 2.017e − 3 ± 5.5%
α [−] 12.905 ± 11.4% 39.856 ± 2.2% 32.567 ± 17.3% 95.014 ± 17.5% 7.978 ± 12.3%
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This still seems to be an open problem: to find reliable parameters that could be able to
univocally describe (at least in certain ranges) a surface and are sensible to their changes
due to the degradation caused by the use. In this work, the option to measure the actual
surfaces and using it as input parameter to the model was made. Nevertheless, what was
noticed in the measurements and simulations made, is that the surfaces do change with the
running time. This roughness change is related to the degradation of the surfaces and is
well depicted in the profile measurements and in the results of the simulations made with
them. This fact will have crucial consequences in the development described later in this
chapter.
4.2.4 Roughness measurements of the bearing’s surfaces
The measurement of the roughness profiles were made with the help of a commercial
perthometer. This device consists of a special needle (diamond stylus with a radius of
2 µm) that is dragged over the surface. The deflection of the needle is converted into a
voltage signal that is proportional to the shape of the path. This voltage signal can be di-
gitally sampled and stored. All the measurements followed the guidelines of the standard
ISO 4287 [San93, ISO98f].
Figure 4.4 shows an example of the measurement of the roughness for inner and outer
ring, as well as the rolling bodies for both cylindrical and spherical rolling bearings.
Different sampling frequencies are prescribed by the standard. The choice is made by
evaluating some parameters in a test measurement, depending on the ranges of the resulting
values. As a result, among the possibilities available in the equipment used, a sample
frequency of 6.95 µm between samples was chosen. This was a good compromise between
the amount of data and the “degree of detail” that could be captured by the measurements.
This sample frequency was kept for all the tests to ease the comparison and processing of
the data.
To measure the roughness over the whole race, inner ring, outer ring and rolling bodies
were attached to a motor that allows the rotation over their symmetry axis. The measuring
needle was first positioned in the middle of the race and stayed still. By turning the motor,
it was possible to cover at least once the whole extension of races and rolling bodies.
Two other parallel profiles (1 mm to the right and 1 mm to the left from the central
profile) were also measured not only to assure the quality of the measurements but also to
verify variations of shape along the path.
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Figure 4.4: Surface roughness measurements of the cylindrical (upper) and spherical (lower) rolling
bearing.
In the case of the spheres, a little bit more care had to be taken. They have to be
measured along the circumference that had most suffered degradation in the rolling process.
It is sometimes easy to visually identify it. However, in some cases, some preliminary
measurements are taken to identify along which diameter the sphere rolled. In fact, for
lack of lubrication or in the total dry case, spin can be neglected. It means that, the spheres
are most likely to roll over a certain circumference. Under the load range and velocity used
in the tests, the effect of spin is very small. This was experimentally verified, also for the
lubricated case, by inspecting the change of colour of the rolling bodies due to thermal
effects. It was clearly seen that the spheres rolled along a certain circumference. Also
twisting of the cage and misalignment of the races did not occur, as in the inspection of the
outer and inner ring races, thin straight rolling paths were observed. In this point it is also
important to say that, even if this care had not been taken, very little influence of the rolling
bodies is expected. It is known that rolling bodies are usually built harder and less rough
than the races, so that its roughness profile show very small amplitudes [DJ99]. At least
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in the degradation stages that were investigated, no sensible change in their roughness was
noticed (compare figure 4.6).
Special care was also taken to compensate the macro-geometry of the profiles, i.e. the
raw shape of the profile determined by its geometry. Form deviation of first order are the
deviations due to the macro geometry of the surface to be measured, like the curvature of
a cylinder, the roundness of the outer ring or even due to the uneven positioning in the
measuring device. This has also to be compensated, as only the roughness of the surface
is of interest. The so called “waviness” of the profile (form deviation of second order) is
retained and also gives an important contribution to the whole profile. This is depicted in
figure 4.5. The rough profile can be thought, just like in the case of the Fourier series of
time signals, as an infinite sum of harmonic functions of the wavelength. The measuring
procedure itself works as a low-pass filter for very short wavelengths. Not only because of
the finite radius of the stylus, but also due to the sampling interval. As shown in the right
side of the figure, the exact roughness profile cannot be reproduced in all its characteristics.
It is however, a very good approximation of it, and also the only one available for the
analysis.
Figure 4.6 below shows a specific example of rough profiles made over the whole race
of outer ring and inner ring and also of one sphere for a ran bearing. The graphic scale
is distorted to accomplish for the length of the races and the very small amplitudes of
the roughness profiles (in the µm range). It however shows clearly that one deals with a
stationary outer ring and a moving inner ring. For the inner ring, as it turns, the degradation
of the surface and the consequent change (increase) in roughness is almost homogeneously
distributed all over the length of it’s race. For the outer ring, as it remains stationary, the
effect of the higher loads found in the load zone can be clearly identified as an increase of
amplitude towards the middle. As expected, in the region where the load is bigger, more
degradation and therefore, greater changes in the roughness profiles are expected. The
height of the rolling body roughness profile is not as big as for the races, for the reasons
already mentioned before.
The behaviour showed here, in respect to the envelope of the height profiles of the races,
was repeated for the other bearings tested, i.e., a direct relationship between the degree of
wear and the interaction load between the surfaces.
As mentioned before, bearing surfaces, due to its fabrication process, have some par-
ticularities. Although direct information about the fabrication steps and surface finishing
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Figure 4.5: Left: a smooth surface (top) is in fact rough in the micro-scale (middle). The roughness
measurement is not able to capture exactly the shape of the surface and is therefore, just an ap-
proximation of the real situation (bottom). Right: the rough surface can be thought as the sum of
various profiles with different wavelength scales. The lower surface is the result of the sum of the
upper ones. The surface on the top represents deviations due to the macro geometry of the object
(deviation of first order) and does not retain relevant information in terms of roughness. This
shape deviation should be compensated, while waviness and other shorter wavelength contents
should be preserved. The figures were adapted from [San93].
could not directly be obtained from the manufacturers, a lot of information was gained
through the measurement of the rough surfaces.
It seems that for the type of bearings tested the structure of the surface of the races is
homogeneous along its width. This was verified experimentally and seems to agree with
the fact that the cutting tool (especially in the final finishing process) - due to race’s axial
symmetry - stayed perpendicular or oblique to the direction of rolling, but not aligned with
it. The result is that nearly the same rough pattern was found over the race’s width. This
result is rather advantageous, since it justifies the hypothesis that one single roughness
profile, measured along the race can be assumed to represent well the main characteristics
of the variation of roughness over the whole rolling path. In fact it is only important to
verify this hypothesis in a small width comparable to the nominal contact area (or the
major axis of the contact ellipsis (see section 4.1), since this is the region where contact
would possibly take place. In the case of the spherical rolling bodies, no preferential rolling
direction or surface pattern was identified for brand new bearings. The polishing process
for perfect round spheres is made by machining them between grinding disks. It is therefore
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Figure 4.6: Outer ring, rolling bodies and inner ring roughness profiles
to expect that the whole surface will be equally processed and no directional pattern will
be found.
An additional hypothesis to the adequacy of the 2D approach, is that changes of rough-
ness with running time will have its effects perceived along the races rather than across
them. This is intuitive for pure radial load and also true in the case of small pittings (see
for example [Har90][FAG97]). For the situation analysed, where changes of the roughness
were investigated, the case is the same. Figure 4.7 shows an example of it. It is an abstract
of a run outer ring of spherical bearing 3 (see section 5.1). Three profiles are shown and
were measured parallel to each other along the race. The same structure can be found in
the three profiles after the running tests.
Surfaces can be also measured with the help of a laser scan [Han89]. This allows also
the evaluation of roughness areas instead of only profiles. A laser equipment was unfortu-
nately not available during the realisation of this work and therefore, only two dimensional
profiles were measured. Although experimental data was not available in respect to the
surface profiles, the model described in section 4.3 was extended to the 3D case and simu-
lations were made with computer generated surfaces (see section 4.5.4).
To support the fact of not simplifying the effort by assuming a statistical distribution
of heights following, for e.g. a Gaussian distribution, one is referred to figure 4.8. On the
upper left side the real distribution of heights for a test rough profile measured in a brand
new ball bearing can be seen. On the x-axis the height over the mean height (forced to be
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Figure 4.7: Parallel profiles measured along the outer ring of a ran spherical rolling bearing showing
that the same roughness structure along the race. The scale is distorted by the magnitude of the
axis.
0 µm) is showed and on the y-axis the normalised probability over the maximum height. A
normal distribution calculated based on the profile is also shown. On the upper right side, an
alternative view of the same data is presented. Here the data is normalised to the Gaussian
distribution, represented by the straight line. The y-axis is the cumulative probability of the
height of the profile. It represents the probability to find a certain value of z (µm) over the
whole range of heights of the profile (x-axis). It is clear that the measured data, taken on a
brand new bearing, deviates from the theoretical ideal statistical distribution. In the lower
part of figure 4.8, the same graphics are shown for one ran ball bearing, confirming the fact
that ran surfaces can deviate from a Gaussian distribution and therefore its wearing has to
be followed with real data, without prior assumptions about its height. Similar results were
also obtained for the outer ring and rolling bodies in the bearings tested.
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Figure 4.8: Distribution of heights of a brand new inner ring bearing (upper left) and the corre-
sponding cumulative probability (upper right) showing the deviation from the theoretical Gaus-
sian distribution. Lower: the same graphics for ball bearing 3 after operation, showing that the
end state of the inner ring also clearly deviates from the Gaussian distribution.
4.3 Rough contact model
4.3.1 Literature review on rough contact models
Apart from the description given in section 4.2.1, some further details about existing models
for bearings and rolling contact will be given here.
The rolling contact between rough surfaces was addressed for the wheel-rail proble-
matic by Gray and Johnson [GJ72]. Wheel and track were modelled as two rollers pressed
together and the Hertzian contact deformation was considered as a non-linear springs cou-
pling the masses of the rollers. A random roughness was assumed for the rollers. Their
modelling of masses and springs implies a resonance frequency and this could be well de-
picted by the model and experiments. The main idea of coupling the non-linearity of the
contact with the rolling movement stated appropriate basis for further developments.
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In 1987, Remington publishes a paper in two parts about wheel rail noise generation
[Rem87a, Rem87b]. This was the basis of the so called ’relative displacement model’,
further developed by Thompson [Tho93a, Tho93b, Tho93c, Tho93d, Tho93e]. This model
gave good agreement in laboratory experiments and comprises the idea that the effect of
an asperity in the contact is to move the wheel and the track relative to each other. It
is therefore, for the calculation of the interaction forces due to a bump in the rail, not
important if the wheel moves up or the rail comes down, but the effect of their relative
movement. In fact, this intuitively agrees with the third Newton Law and this is important in
the analysis, since the displacement produced in the contact will depend on the combination
of the roughness of the partners in contact and not on each of them separately.
An alternative approach, the so called ’series impedance model’, was investigated for
the ring-beam contact in [Fel87]. This model was abandoned due to inconsistencies with
experimental results 5.
Thompson [TC00] summarises the main points of the wheel-rail interactions: it is the
dominant factor in the noise production in railway operation; excitations due to rolling is
caused by ondulations of the wheel and rail surfaces and produce vertical relative vibration;
impact noise can be considered as an extreme form of rolling noise occurring at disconti-
nuities of the wheel or rail surface producing vertical excitation where non-linearities plays
a greater role; squeal noise, occurring in sharp radius curves, are induced by lateral excita-
tions mechanisms. Apart from squeal noise, which is mostly perceivable in the wheel-rail
contact due to wheel’s form and dimensions, the ideas concerning rolling are applicable
also in the case of the interaction ball-races found in bearings, as will be seen later on in
this chapter.
Evseev at al. [EMGE93] occupied themselves with the excitation generated in the
rolling process. The first important fact is that rolling movement can produce energy in
very high frequency (up into the MHz range). Load fluctuations, geometric imperfections,
waviness of the surfaces, pittings etc. are the causes of the excitation. In their analysis,
they use the power spectral density of the contact force and obtain coherent results for the
behaviour of surface finishing, load and lubricant film thickness (damping layer). No time
development of the excitation signal is calculated and the roughness heights are assumed
to have a Gaussian distribution. Their results are reproduced by Feldmann [Fel02]. He
5The reader is referred to the discussion presented in [Fel94] and the consequent author’s answer: Journal
of Sound and Vibration 171(3), pp. 427-432, 1994. Thompson readdresses and extends his model for the
wheel rail problem in [TC00] with a comprehensive list of references.
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assumes that within the contact area, a randomly distribution of contact will generate im-
pacts. He analyses the frequency dependence of the power spectral density of the force and
obtain reasonable agreement, except for the force dependence with the rolling velocity.
Specific about bearings, as mentioned in chapter 1, the main interest in the modelling
of the dynamics of the bearings are related to impact effects due to surface damages (see
for example [LKL00, AG01, Bri00, SRE06b, SR06]). The main aim is to refine the
prediction of the lifespan of the bearings, since surface material removal accelerates im-
mensely the damage process and shortens drastically the remaining life of this component
[Cor06, Ioa06, SRE06a]. Accompanying the development of wear in very early stages to-
gether with attempts to calculate the time evolution of the excitation produced by bearing’s
movement has only been marginally described in the literature. Even life-to-failure test
in bearing concentrate themselves in the onset of failure and the stop-criteria to operation
rather than trying to model the source in order to predict and accompany its vibration. A
good example and extense experimental data can be found in the works of Williams et al.
[WRBK01]and in Kotzalas and Harris [KH01].
A parametric model considering the flexibility of the surrounding structure to predict
the modal behaviour of bearings is presented by Wensing [Wen98]. The multi-body si-
mulation, also addressed by Sauer et al. [SHT05], associates stiffness, forces, moments
and even inertia to a certain structure and models the links between structures in order to
calculate their modal behaviour and how they influence each other. The modelling and
subsequent discretization of the domain results in a matrix formulation and the consequent
eigenvalue (from which the vibrating frequencies are obtained) and eigenvector (that results
in the vibration modes) problem. Forced response is generally calculated for easy-to-handle
functions like harmonic or random functions. The real excitation imposed to the structure
is not calculated, but assumed a priori and usually used to identify how the structure will
vibrate6.
The dynamic of the cage was addressed by Ghaisas et al. [GWS04] for high-speed and
lightly-loaded bearings. They found that, for the case in study, cage asymmetry and roller
6In this point, interesting questions for further investigations arise. At first, the possibility to impose the
actual excitation to the surrounding structure of the machine, since it is now available through the model of
the source, described in this chapter. Second, the possibility to calibrate the discrete model of the structure,
since a method to measure realistic transfer functions in a mounted machine was developed and presented in
chapter 3.
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profile have negligible influence on cage motion. Stable motion was achieved for small va-
lues of roller-race and roller-cage pocket clearances, whilst race misalignment contributed
for the increase of unstable motion. Kersten Hahn [Hah05] publishes a comprehensive
study of the influence of the cage in the dynamic of bearings. Nevertheless, experimental
results and an unified theory for the innumerous configurations and operational conditions
was not yet fully reported in the literature. In this dissertation, the cage is included partially
in the dynamic of the movement. It is assumed that the cage has stable motion and serves
as spacer for the rolling bodies, but no determinant influence of its movement in the overall
movement is considered. This is justified by the load range and the small velocities used in
the experiments.
Lubrication of surfaces in relative movement is a rather complicated subject. It is
mainly based on the simplifications and assumptions of the elastohydrodynamic (EHD)
theory (see for example [WWvN99, Wij98]). Further considerations about lubrication will
be given in section 4.5.
A review of numerical analysis in bearings is done in [Asa02], where he points out a
shift from static analysis to dynamic (or quasi-dynamic) analysis and from analytic to more
complex numeric analysis. Issues like convergence and calculation time are pointed out
as limiting factors in the development of new methods, but with time they should become
handable.
Concerning the rolling movement inside the bearing, considering the waviness of the
surfaces, the contribution of Jang and Jeong [JJ02, JJ03] and Harsha et al. [HNK06] can be
mentioned. In the last one, an analytical model is presented where sinusoidal waviness is
associated to the surfaces of the spherical rolling bodies. The races are considered smooth.
Jang and Jeong consider the ball and the race’s waviness in relative movement to each other
without slip or spin. If the waviness is cleverly chosen, the bearing’s over-roll frequencies,
their harmonics and non-linear frequencies related to them are well reproduced, as it would
be expected. However, no information about relative and absolute amplitudes (related to
the degree of damage) of the damage frequencies and no time history of the vibration can
be obtained from their model.
4.3.2 Description of the rough contact
This section goes deeper in details about what happens in the contact between two surfaces
and its consequences to the model.
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To ease comprehension, lets consider the case where a smooth sphere of radius R1 is
compressed over a rough plane (R2 ≈ ∞), as depicted in figure 4.9 below. As mentioned
in section 4.1, the surfaces deform on the contact area, and distribute the load applied over
this area. Hertz [Her82, Joh85] called it the nominal contact area (AHertz).
In reality, only some points within this nominal contact area are really in contact, as
showed in figure 4.9, and therefore, only on these points a compression load is established.
The real contact area can be considerably smaller than the theoretical nominal (apparent)
one. This will depend on the distribution of roughness. The analysis should therefore con-
centrate on the asperities in contact because they will sustain the interaction loads between
the surfaces and will have decisive influence on the situation of the contact.
Nevertheless, due to its small size and assuming that each asperity deforms indepen-
dently of adjacent ones it could be assumed that the pressure-area relationships of the Hertz
theory are still valid on the micro contact between two roughness peaks [Joh85, Chapter
13] and relationships 4.8 and 4.9 below are valid:
Fi =
4
3E
′r
1/2
i δ
3/2
i (4.8)
Ai = piriδi (4.9)
It implies that the peak of each asperity in contact is a smooth surface that will deform
to retain a certain load. In fact, the average radius of the tip of one asperity is much smaller
than the whole nominal contact area and, since one deals with a single asperity, it can be
assumed that this single asperity deforms as a smooth surface and within Ai the parabolic
distribution of load of equation 4.1 takes place.
The right side of figure 4.9 shows the detail of the compression of only one asperity
and the relevant quantities involved. In a certain point x, along a rough profile with height
z(x), in regard to an arbitrary reference, the i-th asperity (radius ri (µm)) will be elastically
deformed by a quantity δi = z(x) − d (µm) under a load Fi (N). This will generate a contact
area Ai (m2) at this contact point. The constant E* = 211x109 N/m2 is the equivalent
elasticity (Young) modulus for steel and is a composition of the Young modulus of the
surfaces in contact as given in equation 4.2 (ν1 = ν2 = 0.33 are the dimensionless Poisson
ratio of steel). The position of the smooth plane, denoted by d, will become clear later in
the calculation procedure. Higher loads imply smaller values of d, and consequently cause
higher deformations.
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Figure 4.9: Left: Only some asperities are really in contact within the nominal apparent contact
area. Right: Detail of the compression of one asperity
It should be noticed that the pressure in localised points can be much bigger than the
predicted maximal pressure from the Hertz theory, as the interaction forces between the
surfaces are not distributed over the whole nominal contact area, but only over the asperities
that are really in contact within it. Those points, under a cyclic load, are more likely
to fail because the developed strain underneath the surface will be much higher than the
one predicted by the classical smooth contact theory. The appearance of cracks and their
development up to the point of surface failure are not the main aim of this work and will be
not addressed here. For further information the reader is referred to [DL02] 7.
The main hypothesis assumed in this work are given by Greenwood and Williamson
[McC86, Joh85, Fel02] which are also the most reliable ones:
• (a) there exists no major bulk deformation and only the asperities are deformed dur-
ing contact,
• (b) each asperity deforms according to the classical Hertz elastic theory and the rela-
tions between deflection, load and contact area are still valid for them,
• (c) the asperities are mechanically independent, i.e. adjacent asperities under load do
not interact with each other and the load they support depends only on their height
and shape and not on the load supported by neighbouring asperities,
• (d) the rough surfaces are isotropic,
7See also comment at the end of chapter 6.
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• (e) the acoustic wavelength is bigger than the contact zone so that it could be treated
as a point source,
• (f) Doppler effects are neglected as the velocity of the sources is very low compared
to the sound speed in metal.
The isotropy of the surfaces, although generally accepted, should be deeper discussed.
In fact, this hypothesis could also be set aside, as the rough profiles are taken as they
are, i.e., they are measured (section 4.2.4). Further, as mentioned before, machine tooling
perpendicular to race’s direction assures its homogeneity over race’s width. Additionally,
it is clear that modifications on the surface will take place in the direction of rolling, also
reinforcing the approach of measuring the roughness profiles in this direction.
The generally accepted mechanical independence of adjacent asperities is valid for large
nominal contact areas (Hertzian contact area) where individual contacts are disperse and
the forces acting through neighbouring spots do not influence each other. As stated in
hypothesis b, the way to calculate forces, displacements and contact areas will be that
of the elastic Hertz theory. This is justified because in the contact the dimension of the
summits of the asperities is so small (the smallest scale considered) that the asperities will
be flat compressed and Hertz Theory holds for each of them. Smaller roughness, if present,
will be flat compressed on the top of each asperity.
Comparing the sizes of the contact with that of the bodies pressed together justifies hy-
pothesis (a) and (e), as the size of the contact is much smaller than the surfaces themselves,
making asperity’s deformation the only relevant deformation within the contact. Finally,
Doppler Effect is neglected as the sound speed in metals (typically greater than 5000 m/s)
is much bigger than the velocity at which the contact moves over the surfaces. Hypothesis
e and f will be later explained when considering the rolling movement and the generation
of the excitation.
One extra assumption of the Greenwood-Williamson model concerns the height distri-
bution of the profile (Gaussian probability distribution). As mentioned, this last assumption
is not made here and the surface conditions are measured to obtain the real surface profile
in order to calculate the real distribution of pressure.
In the past, many efforts like the introduction of different radii of asperities, corrections
for the contact area etc. have been made to improve the hypothesis, with the idea that
they were determinant for the pressure distribution in the contact. However, it is shown in
[McC86] that the alternative approaches do not lead to significant improvements in terms
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of better calculation of the pressure distribution and its amplitude in regard to their extra
computational effort and complexity.
4.4 Rough rolling contact in bearings
Once the situation of the rough contact was described the next step is to combine it with the
fact that the surfaces undergo a rolling movement and interact with each other. However
first, the idea of the equivalent rough surface is introduced to ease the analysis.
4.4.1 The equivalent rough surface
In section 4.3.1, a literature review indicated results from other researches regarding the
relative displacement model. It was indicated that in the contact of rough surfaces, the
interaction forces (action and reaction) acting between surfaces that compress each other
must be the same due to the 3rd Newton Law. With the hypothesis in section 4.3.2, it is
clear that only where the asperities of each surface touch each other, compression forces
will arise. It is therefore relevant only to know at which points they do interact. The
magnitude of the interaction force will depend on which asperities are in contact and how
much they are compressed against each other.
The procedure of creating an equivalent rough surface consists in combining the profiles
of the surfaces in contact in a unique profile8. For the sake of the calculations, instead of
compressing one surface against the other and always verify if a point is in contact in both
surfaces, one relies on the combined surface.
The length of the outer ring is taken as reference length, since it is the longest race to be
covered by a rolling body. One deals here with turning movement. This means that when a
rolling body moves over the whole length of the outer ring, its surface interacts with both
outer and inner ring. When the whole length is completed, the process will be repeated in
a steady state. For this reason, in the creation of a profile that would represent a continuous
process, each profile was repeated in their whole length many times and summed up, since
the interaction takes place always for the three surfaces. The equivalent surface is therefore
a combination of the surfaces of the partners in contact. This is shown on the right side of
8This procedure is generally accepted and extensively explored in the literature. For its origins one is
referred to [Rem87a, Rem87b, Tho93a]. For more recent applications in Tribology [KT96, BDJ01, PB01,
BP02].
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figure 4.10.
A natural question that arises concerns the relative and initial “phase” between the
surfaces. This issue will be deeply addressed in the next section.
Figure 4.10 shows two surfaces that will be pressed together (upper left) and a zoom
of the situation of the contact for the equivalent rough surface (lower left). The position of
the smooth plane is set at the vertical position zero in the figure, and only some asperities
within the contact area are really in contact. The creation of the equivalent rough surface is
shown on the right.
One can think of a calculation procedure, to be performed within a certain area of
integration, in which the position d of the compressing plane has to be found in order that
the sum of all Fi forces arising due to a compression δi equals the total compression load.
This will be explained in the next section.
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Figure 4.10: Combination of the roughness profiles to form the equivalent roughness profile and
the nominal contact area within which the contact takes place.
4.4.2 Calculation procedure
The procedure presented in this section describes the algorithm to obtain the displacement
vector d and is depicted in figure 4.11.
The situation of the contact can be summarised as follows: the topography of the rough
surfaces have been combined into an equivalent roughness profile. This combined topogra-
phy retains information about all the rough surfaces in contact, and is therefore assumed to
well represent the situation of the contact.
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This profile will now be “compressed” by a smooth flat plane9. The total compression
load will be distributed over the asperities whose height is bigger than the position of this
smooth plane. This plane is considered to be infinitely hard, i.e., it does not deform, since
the equivalent roughness surface already represents the combination of all the surfaces in
contact and its deformation corresponds to the combined deformation of the surfaces in
contact.
Following the Roman numerals in figure 4.11, step I is the creation of the equivalent
roughness surface from the measured roughness profiles of the outer ring, inner ring and
rolling bodies. This was described in section 4.4.1.
In step II the integration area is established. The area of integration is the theoretical
area where the contact would possibly be established. It can be different from the nominal
contact area predicted by the Hertz theory and depends on factors like the roughness and
the curvature of the surfaces in contact. For very rough surfaces, it can be shown that this
area approaches the Hertzian contact area (See chapter 13 of [Joh85]). For simplicity, the
integration area will be taken to be the Hertzian contact area, given by the semi-axis of the
ellipsis a and b, as described in section 4.1. In the case of a cylinder, its length b was taken
to be the cylinder’s length (see appendix). Within this limiting area, the points where the
contact really occurs will be searched by the algorithm in the next step.
The fixed reference can be arbitrarily chosen, since only relative displacements and
deformations relative to this reference matters. For simplicity, it can be chosen to lay
below the lowest point of the profile being calculated. Once established, it remains fixed
for the entire calculation procedure.
Step III starts with an arbitrary choice of d. Its possible values vary between the lowest
and the highest point in the profile. The middle of this interval was taken as a starting point.
These limiting values for d correspond to total compression of the profile (lowest valley of
the profile) and to the case where no contact takes place at all (over the highest peak of the
equivalent roughness profile).
Now, within the contact area, every point i, whose height z(x) lies over the height d will
be in contact and compressed from the amount δi = z(x)−d (see figure 4.9). Thinking about
the original surfaces, it means that the total deformation δ would be the result of the local
deformation of each of the surfaces. As referred before, the single deformations δ1 and δ2
are not important, since the interest lies on the interaction force, that depends on the total
9The curvature of the compressing surface is much bigger than the Hertzian contact area. Therefore, the
curved surface, within this extremely small area, can be well approximated through a plane (see figure 4.10).
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deformation (compare figure 4.9).
Once the asperities in contact are found within the contact area, the interaction forces
Fi at each of this points can be calculated with the help of equation 4.8 with ri calculated
directly from the profile’s shape as a result of the deformation δ.
The total compression load applied may vary over the length of the outer ring, since the
radial load distributes unequally over the diameter of the bearing . In the middle of the load
zone it is maximum and decreases as one moves away from this position. For the purpose
of the calculations, the load distribution was approximated from the well known theoretical
distribution of load in bearings given in [Har90]. The maximum load in the middle of the
load zone Fmax can be obtained from the total applied radial load F, as Fmax = 5Fn , where n
is the number of rolling elements. The load distribution decreases from this maximum to a
minimum given by the centrifugal force Fc = 2mv
2
m
dm , where m is the rolling body’s mass, dm
is the pitch diameter and vm is the orbital speed of the rolling body, easily obtained from vm
= 12 (vi + v0) (see section 4.4.3).
Now, all the interaction forces Fi at each contact point are summed and compared to
the corresponding total load that the contact should carry. From this comparison, two
possibilities arise: the first one is that the force is smaller than the applied load in the
contact. This means that the deformations are too small and a smaller value of d is chosen.
If the summed forces are greater than the force in the contact, than a bigger value for d is
chosen and the procedure restarts. A simple bisection method was used for the choice of
the new values of d.
It should be noticed that the distribution of pressure, i.e. the points at which the contact
could possibly happen, changes by different choices of d as other asperities that were not
in contact before may be now under pressure. Or the opposite, increasing d may unload
some asperities. This changes the whole distribution of pressure within the contact area
and should be considered during the calculation. Therefore, the problem of the distribution
of pressure and the contact area has to be solved simultaneously. Once the algorithm con-
verges and a value of d that satisfies the equilibrium conditions is found, one has the first
point of the so called displacement vector.
In step IV the displacement vector is updated and stored. A test is made to see if the
end of the profile was reached. If not, the integration range is moved one step through the
profile and the process restarts with the new configuration.
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Figure 4.11: Block diagram of the procedure for the calculation of the displacement
The displacement vector represents the equilibrium position reached by the surfaces
in contact due to their approach, measured over a certain arbitrary reference. It measures
the displacement due to the elastic deformation of rough surfaces, i.e., the resulting effect
of the elastic interactions due to the net deformation of the surfaces. By repetition of
the calculation over the whole equivalent profile, one can calculate the locus of a fictive
equilibrium plane, whose position depends on the rough profile within the integration area
and that changes with the load distribution. This displacement vector can be understood
as a succession of equilibrium positions (approximation and moving apart) reached by the
74 CHAPTER 4. PHYSICAL MODEL
centre of mass of a smooth fictive rolling body moving along the equivalent rough profile.
If the matching speed of the rolling elements and rolling paths is also considered (de-
pending on the rotational speed), it is also possible to simulate the velocity and acceleration
signal at this point. This is exactly the excitation signal imposed to the machine by the elas-
tic rough contact of surfaces in bearings, as explained in the next section.
4.4.3 Time evolution of the excitation
Once the displacement vector is available, and considering the main idea behind it, i.e.,
a sequence of equilibrium positions of the centre of a smooth rolling body moving under
the influence of the equivalent rough profile, the time development of this process can be
calculated.
Since the information of length is available and one wants a time development, a ve-
locity has to be brought into consideration. This can be obtained from the dynamic of the
bearing, by evaluating the matching velocities of the surfaces, or in other words, the ve-
locity by which the two surfaces touch each other. Simple kinematic considerations of a
circular body rolling over a plane show that the matching velocity of the surfaces equals
the moving velocity of the rolling body’s centre of mass along the profile.
Similarly, velocity and acceleration vectors can be created by simple differentiation
as long as the velocity v at which the surfaces match each other is known. This can be
calculated depending on the geometry of the bearing and the rotational speed as described
in [Har90]. This procedure is cleared in this section.
For a fixed outer ring and a moving inner ring rotating at ni (rpm), one has the following
expressions for their surface velocities v0 and vi:
vi =
pinidm
60 (1 − γ) (4.10)
v0 =
pin0dm
60 (1 + γ) (4.11)
where v0 in this case is zero. The pitch diameter dm is the distance between the centre
of the rolling bodies and the angle γ is Dcosαdm , where D is the diameter of the rolling body
and α is the contact angle (zero for the type of bearing used (see Figure 4.12 below)).
If no slip or spinning is considered, the velocities of the rolling element and of the
inner ring are the same at the point of contact, since the outer ring remains fixed. Provided
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Figure 4.12: Example of a rolling bearing showing the cinematic velocities and their dependence
with the geometry of the bearing.
that the dynamic compatibility between moving parts is maintained, it is easy to prove that:
nR =
1
2
dm
D
ni
1 −
(
D
dm
)2 (4.12)
The velocity at which the surfaces will match is finally v = nrD2 . For a shaft rotating at
720 rpm the value of v is 1.5142 m/s for the ball bearing and 1.5431 m/s for the cylindrical
bearing.
Now, considering the rough profile and the length difference between the points on it,
one can construct a time vector that will represent the time history of the rolling process
through the whole rough profile and therefore the signals of velocity and acceleration as
functions of time.
It is important to notice that the excitation signal calculated describes only this vibration
source and is only caused by one single rolling body. It represents a complete running of
one rolling body over the entire length of the outer ring and will be repeated from the
beginning for the runs in the sequence. At last, this has to be combined with the signal
generated by the other rolling bodies. It is assumed that the other displacement signals
are delayed versions of the signal caused by one single rolling element. This delay can
be calculated easily considering the number of elements and the dynamics of the bearing,
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since they are kept apart through the cage. The further superposition of the delayed signals
can create the stationary process. Figure 4.13 below summarises the process.
Totallength of the signal
Delay
Delay
Delay
DelayDelay
DelayDelay DelayDelay
Rolling body 1
Rolling body n
Rolling body 2
Total length of the signal Total length of the signal
Total length of the signal Total length of the signal
Total length of the signal Total length of the signal
Figure 4.13: Construction of the time signal for the displacement vector.
One last comment concerns the initial phase. In the generation of the equivalent surface,
an arbitrary initial position to combine the surfaces was chosen. There is no point in trying
to find the ’one and real’ equivalent surface, because it is not reproducible in practice.
By slightly moving one surface in relation to the other, the initial phase between them and
therefore the equivalent roughness surface will change. Since the process is continuous, and
assuming no spin or slip between the surfaces, this state will be repeated. Even if the actual
equivalent rough surface cannot be achieved, a reliable representation of the contact is
possible, provided the length of the surfaces and the relative delays between them are kept.
As one deals with a steady state, this will represent a possible (and representative) surface.
After one complete turn around the stationary outer ring, the process continues from this
point on. At the beginning of a new turn, the initial phases of the inner ring and rolling
bodies are different, but coherent with the previous turn. Just like in real measurements,
one is not interested in knowing the initial conditions of operation of the machine. What
will be measured is an extract, or a time delimited sample of its vibration. In the simulation,
the process is just the same. A relatively long time signal is generated (up to some seconds)
and then the frequency analysis is performed on an excerpt of this signal.
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4.4.4 Results of the modelling
All the simulations presented here used the real roughness profiles of the bearings tested
and their geometrical characteristic. The analysis will be focused on the spectral compo-
nents of the acceleration signal to enable a comparison with other models. The acceleration
signal is one of the most typical measurements made in machines. Nevertheless, displace-
ment and velocity are also obtained as output from the model.
The signals presented here are the results of the simulation of the excitation generated
by the bearing that will be imposed to the machine. This could be used together with the
machine’s transfer function obtained in chapter 3 to simulate the structure-borne sound
on the machine’s housing. A comparison of the measured and simulated structure-borne
sound in made in chapter 5. The results presented in [VJ06] show that the combination
of the proposed model with the transfer functions can well reproduce the changes in the
vibration signals in comparison with the measurement results taken in running conditions.
The first test performed for both bearing types was the analysis of the dependence with
the rotational speed. Figure 4.14 shows the results.
Figure 4.14: Simulation of a real ball bearing (left) and cylindrical rolling bearing (right) roughness
profiles under a constant radial load of 16kN and different rotational frequencies.
The first thing to be noticed is that the low frequency components, typically propor-
tional to the rotational frequency and its harmonics, as well as to characteristic frequencies
in the bearing movement (outer and inner ring passing frequency, cage frequencies, rolling
element passing frequencies etc.) are not present here as they are not modelled. They are
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caused by other physical mechanisms and mostly noticeable in the measurements on fur-
ther stages of wear in the bearing. The contribution of the rough contact is dependent on
the type of bearing (type of rolling element) since the shape and conditions of the contact
will change in each case. The trend, however, follows a certain structure that is reproduced
by cylindrical and ball bearings in the same manner. From figure 4.14 one notices that the
influence of the increase of the rotational frequency is the increase of the general amplitude
and of the frequency of the first minimum. This is due to the reduction of the interaction
time between the asperities with increasing velocity and consequent increase of the steep-
ness of the vibro-acoustic excitation. The position of the first minimum is consistent with
a doubling of the rotational frequency for both bearing types.
The spectra do not merge into a fixed value for low frequencies, in contrast to the results
presented by Feldmann [Fel02]. He discussed a limitation on his approach and argues
that an elastic impact approach would be able to show the 10-12 dB increase in level per
doubling of the speed, as predicted by the wheel/rail theory. This feature can actually be
seen in the results shown in figure 4.14.
By keeping the rotational speed constant and simulating various radial loads, one
obtains the results presented in figure 4.15. As expected, a load increase implies a reduction
of the position of the first minimum. With higher loads the contact area increases, increa-
sing the number of asperities involved in the contact and the time of interaction between the
surfaces and therefore reducing the frequency. The relative variation of the position of the
minimum changes approximately proportionally to P1/2, as would be expected theoretically
due to the parabolic description of the contact through Hertz (see section 4.1).
Figure 4.16 shows the results of the measurements taken under the conditions described
in chapter 5 with the results of real test-bearings. They reproduce the simulated accelera-
tions obtained through the roughness profiles measured on the bearings at the end of their
operation according to table 5.1. Under the same running conditions (load and rotational
speed), the wearing of brand new bearings would reflect on the final state of their surfaces,
depending on running time. The results show that this condition is reflected in the spectra
of the acceleration signal of both ball and cylindrical bearing, as described below. The posi-
tion of the minima for the cylindrical bearing depends on the load. For cylindrical bearings
2 and 3, the radial load is 16 kN and therefore, the position of the minima is the same. The
effect of increasing the load to 32 kN (cylindrical rolling bearing 1) moves the minima to
lower frequencies.
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Figure 4.15: Simulation of a real ball bearing (left) and cylindrical rolling bearing (right) roughness
profiles under a constant rotational frequency of 720 RPM and different radial loads.
There is an amplitude difference between the cylindrical rolling bearing 2 and 3. Look-
ing at table 5.1, one can see that 3 has operated more time than 2 under the same conditions
of rotational speed, load and lubrication. This is reflected in the final state of the surface,
which should present a higher degradation for the bearing that has operated longer. The
final result is that the amplitudes are higher in bearing 3 than 2 as seen on the right side of
figure 4.16.
The increase in amplitude with time could also be observed in the results of the ball
bearings. As all of them were simulated and run in the same load (16 kN), the position of
the minima is the same all over in all spectra. Once again, ball bearing 3 has the higher am-
plitudes toward higher frequencies as it has operated longer than the others (approximately
69 minutes). As mentioned before, the surfaces of ball bearing 2 were not measured be-
cause it was completely damaged after the tests and could have damaged the measuring
needle. Although ball bearing 4 has operated almost twice as long as ball bearing 1, it
was slightly little more lubricated. In 1, only some drops of oil were used, while 4 was
not cleaned and the tests were performed with the amount of oil used to pack the bearings
to avoid rust. The amount of oil in this test is clearly higher than on bearing 1. The result
shows lower amplitudes than in ball bearing 4. The trends of the curves are also interesting,
as they reproduce the expected behaviour of higher amplitudes for bigger running times.
However, the effect of lubrication showed to be relevant in this case.
As expected, the lubrication oil seems to have the effect of damping the vibration in the
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Figure 4.16: Simulation of the acceleration signal made with the roughness profile of the bearings
tested experimentally (see chapter 5).
early stages of operation (corresponding to the behaviour of ball bearing 4), but this effect
is overcome by the degradation of the surface with longer operation. In this latter case, the
increase of temperature helps the drying of the bearing and the effect of the metal-metal
contact turns to be greater. This leads to a faster modification (and degradation) of the
surface that is visualised as the greater amplitudes over 8 kHz for ball bearing 3. It seems
also that the modification of the surface, i.e. its degradation, is a compromise between the
amount of oil and the total time in operation. However more tests are needed to describe
this effect precisely. The general shape of the maxima and minima for the ball bearing
spectra seems to approach an extreme point and then falls in the same way for all ball
bearings.
4.4.5 Auralisation of structure-borne sounds
Auralisation is a rather known and useful tool in the field of acoustics. Since one of the
main points of acoustics deals with how humans hear, perceive and interpret signals, it is no
surprise that audible information can give extra insight on a subject being analysed. Aurali-
sation can be understood as “making data audible”. Notably in the fields of architectural or
building acoustics, it is highly desirable to have an audible impression of a certain condition
or to hear differences due to constructive modifications in the ambient. Of course, to make
a try and go for the modifications in the real situation could be rather expensive and time
consuming. A simulation of the final outcome, with the possibility to hear the influence of
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the modification proposed, can be very convincing at lower costs.
Fields like Virtual Reality also benefit from “manufactured” hear impressions [Vor06a],
where the visual appeal also plays a big role. Specific about the psychoacoustic, that deals
with the way humans sense and interpret sound, the auralisation can be a very useful and a
cheap way to test how humans would react to a hearing stimulus.
It is well known that experienced persons are able to tell if a machine is ’running well’
or not. Whether coming from the long time spent working with a certain machine or from
the experience on mechanical venues, these persons can ’hear’ a machine or use a screw
driver gently touching his/her ears and the machine housing to ’feel’ its vibration and say
if something is wrong. The screw driver or metal stick serves as a wave guide and trans-
mits the vibration. The audible information can also indicate that metal-metal contact is
taking place, that rotating parts are loose, that impacts are occurring and many other. It is
important to say that in many cases, much before a vibration analysis takes place, this kind
of observation and even diagnosis can be very useful and should not be neglected10.
For the rolling movement, even before material removal on the surfaces occurred, it is
also possible to hear the sound produced by the bearing. Healthy human ears are able to
hear sounds with frequency between 20 Hz and 20 kHz. As seen previously in this chapter,
much of the excitation produced by bearings lies within this range. Our ears are excellent
receivers and frequency analysers.
Although simple and straightforward, the idea of making the structure-borne sound of
a machine audible was not yet consequently applied in the field of machine diagnosis. This
raises two big questions: Would it be possible to simulate the structure-borne sound of a
running machine and to verify differences in this signal due to different conditions of some
of its part? Would this information be relevant and/or useful as a diagnosis tool?
This questions can now be addressed, since a model describing the source is available.
The auralisation of the source is possible as a direct result of the model’s output. Also,
a simulated version of the machine vibration can be obtained if one uses the simulated
bearing’s signal and convolves it with the impulse response obtained through the transfer
functions, as explained before.
One important point to be mentioned is that the audible impressions described here are
10In fact, even with highly advanced diagnosis methods, the knowledge and opinion of experienced work-
ers still can avoid problems. The ’specialist’, especially when called to analyse a machine without prior
knowledge how good it works, should not neglect the opinion of the operator. After all, he or she may spend
several hours a day working or near the machine and starts to get a ’feeling’ about how it works.
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the audible versions of the structure-borne sound. They retain much information about
what happens in the machine. This is not the radiated sound from the machine. This
last one depends also on the sound-radiating characteristics of the housing. Although the
analysis of the emitted sound through microphones is already used, a major drawback is
that it is highly dependent on the structure of the housing and the way it emits sound. It can
happen that frequencies related to some defect are present, but are not well radiated so that
information can be lost in this process.
In the case of the structure-borne sound, although the hearing impression is not the same
as the one obtained by listening to the noise radiated by a machine, it retains important
information about its functioning and is more convenient for analysis.
Some advances in this field were reported in [J. 04b, J. 04a, VJ06]. Noticeable dif-
ferences on the signals generated by different types of bearings (cylindrical and spherical
rolling bearings), but also different wear conditions (surface changes due to increasing run-
ning time) could be noticed. This is a straightforward way to get a direct impression of
what is happening in the bearing and adds further possibilities for analysis than the com-
mon ones, like just looking for time and frequency signals.
Analysing surface modifications through auralisation
In chapter 4 it was explained how different excitation signals are generated from different
final surface conditions. The different conditions in terms of roughness of the races will
lead to different rolling properties and therefore to different vibration patterns to be gene-
rated by the bearings. The differences in the sound generated can be clearly noticed in
audible versions of the machine’s structural vibration.
The idea that arises from this result is that it is now possible to accompany the modi-
fication of the surfaces through hearing to the structure-borne sound. Further, concerning
the construction of bearings and the machining of its surfaces, an analysis of the influence
of different machining processes or surface finishings in the structure-borne sound is now
possible. This could have the objective of verifying how loud the signal would be, for
example. This is very useful in the design of the bearing if one has in mind that loud ma-
chine components are usually perceived as uncomfortable and associated with low quality
products.
In the future, by adding the radiation characteristics of the specific machine, many other
questions can be addressed. For example, what is the contribution of the sound generated
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by the bearing to the whole noise emitted by a machine. Also, the reaction of humans to
the radiated sound can be evaluated in term of psychoacoustic tests. These tests can have
the aim, for example, of evaluating how annoying is the sound generated by the bearing
and help in the design of ’quieter’ bearing surfaces. By testing different types of surfaces it
will be possible to analyse which kind of finishing the most influence on the generation of
structure-borne sound. Questions like the sequence of the different tooling processes and
how much does the surface must be machined in order to change (diminish) the sound it
produces should be investigated.
This evaluation remains as a suggestion for future work.
4.5 Modelling bearing’s lubrication
More than 50% of all rolling bearing damages are caused by imperfect lubrication. In
many other cases, not directly related to it, lubrication is one of the underlying causes
[FAG99b]. An extensive analysis of rolling bearings should therefore also take lubrication
into account.
Rolling bearings should ideally always work under optimal lubrication conditions. This
section shows how the modelling of lubrication is made and included in the previous model.
It covers the situations of dry contact and to certain limits of mixed lubrication. The com-
plement proposed here deals with the case of fully developed oil-film, i.e. of full lubrica-
tion, and covers the earlier gap. Nevertheless, as it will be seen later, many conclusions
gained up to now are also valid as the effect of full lubrication is sensed in the contact as an
extra layer that will also be compressed and that has its own characteristics. Therefore, in
terms of generation, development and transmission of vibration, the inclusion of lubrication
acts as an add-on for the basic model.
As stated before, lubrication is a wide research field with many applications. A substan-
tial review of all aspects of lubrication of surfaces in contact would not be possible here
and will be left to the recommended literature. Countless different operation conditions
can lead to variations in the conditions of the contact and therefore to different results. This
section will not examine all the possible exceptions like starvation or mixed lubrication,
but rather the ’optimal’ situation of fully lubricated contact, that can be also easily realised
in the experiments and represents the ideally found operational condition. Another impor-
tant point is that the author used as reference results classically accepted and/or already
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experimentally verified in the literature (see for e.g. [Har90, Wij98, WWvN99]).
Some very recent results of empirical models give different aspects of the modelling
of the contact. Scholz et. al. [SRBD06] states an isothermic method for the calculation
of the lubricated contact. The same group [SBSD06] includes the temperature as a vari-
able in the problem (which is absolutely legitimate, it must be said) and obtain simulation
results that states that temperature variations in the contact of up to 100◦C are possible in
some situations. No accompanying experimental verification was presented. Baly et. al.
[BKP06] published a very interesting paper presenting some experimental results. They
conclude that the specific literature about experiments in lubricated contact in bearings is
very scarce. It is mostly based on ball-on-disc tests in laboratory with optical interfero-
metry (see for e.g. [GCOS00]). Those tests deliver very useful results concerning the
calculation of the oil film thickness. Nevertheless he discusses if this kind of tests are able
to describe correctly what is happening in bearings as he obtains some conflicting results
between tests in the bearings and in the ball-on-disk apparatus. He points out that the key
may be the effect of the influence of various rolling bodies passing by, together with the
effects of replenishment (return of lubricant to the contact area after the rolling body passes
by). This effect cannot be reproduced in the mentioned apparatus. Some advance to explain
the phenomenon of replenishment has been given by the theory developed by Cann et. al.
[CDL04]. Nevertheless, there are still some key questions open. A global theory to deal
with the generic case, as well as with the particular case of bearings is not yet available.
The approach adopted here uses the well-known and widely validated theory of elasto-
hydrodynamic lubrication (EHL). The adaptation of the theory to the case in question is
explained and a review of important results is done throughout the section whenever neces-
sary. This section will be initiated with some general knowledge about lubrication. Later
on, the theoretical background of the EHL theory is exposed and the tests performed on
this thesis are addressed and the results are shown.
4.5.1 Basic knowledge about lubricants and lubrication
Grease lubrication is used in 90% of all rolling bearings. Oil and solid lubricants can be
also used in special situations. Lubrication greases are basically constituted of a thickener,
base oil and additives. The viscosity of the base oil, together with the amount of thickener,
determines the consistence of the lubricant. Additives are used to change the characteristics
of the mixture thickener-base oil and, among other things, may interfere with the flow
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properties, chemical stability and absorption of water.
The main points for the selection of a suitable lubricant are: (a) the operating condi-
tions in terms of loads and rotating frequency; (b) the requirements in terms of running
noise, friction and temperature behaviour; (c) protection against wear, fatigue, corrosion,
debris; (d) the costs of a lubrication system (mounting on the bearing, maintenance and
relubrication); and, most important, (e) environmental questions.
In absence of high temperature environments, only a small amount of lubricant is re-
quired for excellent performance. Sealing the bearing may not only retain grease but also
avoid contamination through particles or water. On the other hand, excessive quantities of
oil or grease tend to overheat and influence negatively the function of the bearing [Har90,
Chapter 12].
Fluid films can be very thin (typically in the µm range). Its thickness will depend
on the dynamic of the movement, viscosity of the lubricant, applied loads, among others.
Ideally, the oil film should completely separate the surfaces in ’contact’. It means that no
metal-metal should take place. This is the main hypothesis of the fully-flooded lubrication.
Although assumed for the sake of the calculations, it is known that the asperities may be
higher than the oil film thickness and thus get in contact [Jac98]. This justifies again the
attempt to model dry contact as a limiting case, as it may happens. Further, results from
[BKP06] and [CDL04] suggest that the ’contact area’ is decisive for the behaviour of the
fluid film, which reinforces the necessity to investigate the state of the roughness surfaces
in contact. The transition between both states remains a challenge.
4.5.2 The elasto-hydrodynamic lubrication
The term elasto-hydrodynamic (EHD) lubricated contacts describes the situation in which
two solids pressed against each other remain separated through a lubricant film. The con-
tact pressure is so large that the elastic deformations of (one of) the solids is of the order
of the thickness of the lubricant film or larger. In fact, in the contact, a strong interac-
tion between the fluid film formation and the deformation of the contacting surfaces exists
[Wen98, FM95][Har90, Chapter 12].
The EHD lubrication is based on the theory of viscous fluid flow. Take for example an
infinite cylinder depicted in figure 4.17 rotating with velocity us. The gap (h(t)) between
the cylinder and the ground is filled with lubricant of viscosity µ and specific mass ρ.
The main governing equations describing the fully flooded EHL contact are the
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Figure 4.17: Representation of the situation of the lubricated contact, showing the oil gap h between
the two bodies.
Reynolds equation (4.13) of the flow in the gap, the film thickness equation (the same
form of equation 4.4).
The Reynolds equation derives directly from the Navier-Stokes equations for Newto-
nian fluids neglecting effects of fluid inertia (generally much smaller as the viscous forces
of the fluid). A complete derivation of this equation can be found in [FM95], for example.
The two dimensional representation for a fully developed fluid film is given below:
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∂ρh
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+ 12
∂ρh
∂t
, (4.13)
where p(x, y, t) is the hydrostatic pressure above ambient pressure. The velocity us is
the relative velocity between both surfaces.
The fluid will be compressed in the gap (first term on the right side of equation 4.13)
and stretched (second term on the right side). The height of the gap also varies with time
(third term). This causes a pressure change and a dependence between the viscosity η,
specific mass ρ and the thickness of the lubricant film h.
The equation for the lubricant film thickness reads just like equation 4.4, with the dif-
ference that the gap between the bodies is always filled with lubricant. This equation states
a dependence between the gap h and the pressure p. An approximated solution, just as in
the case of the dry contact is obtained by simultaneously solving equations 4.13 and 4.4.
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4.5.3 Adaptation of the EHL to the previous model
Similar to the approach of the dry contact, no approximations to the solutions or assump-
tions to the profiles will be made in order to obtain the solution to the problem posed in
the previous section. Results for these approximations can be found in the literature, for
example [Har90, Chapter 12][Dow98, ZDDJ06]. In these cases, just as in the simplification
made by Hertz, the contact is considered smooth.
The same principle will again be used and the real situation of the contact will be
considered. The difference now is that between the surface in contact, an extra layer of lu-
bricant will be considered. The equivalent surface will be still used to describe the situation
of the contact, and a smooth plane will be compressed over it and the calculation will find
the equilibrium position.
This extra lubricant layer can be thought as another body to be considered in the contact.
The analysis of multilayer contact is made by combining the effects of each layer in the
contact [Pen01, BP02]. It is assumed that, within the contact, all points will experience a
compression due to the effect of the oil pressure. Not only the asperities that are in contact
will be under pressure, but the whole contact. This intuitively implies in lower levels, as
forces will be distributed over a bigger area.
However, the topography of the contact remains important. The total deformation in
a certain point will be partly due to the elastic deformation of the asperities, as before,
but also partly due to the hydrodynamic pressure. This pressure depends on the gap (oil
film thickness) and therefore, higher asperities will develop higher pressures, as expected.
A similar effect can be found in the analysis of surface dents in lubricated contacts. In
such cases, pressure fluctuations due to the uneven topography appears [FM02b, FM02a,
CVL02, CJL+04]. Therefore, within the contact area, different peaks of pressure will be
generated depending on the gap between the surfaces.
Hamrock and Downson, quoted in [Har90, Chapter 12] and [FAG99b], proposed a
formula that relates the oil film thickness with the pressure on a certain point. Note that
the force and the gap are inversely proportional, i.e., higher forces imply smaller gaps, as it
would be expected. This formula is valid for the isothermal hydrodynamic lubrication and
reads, in non-dimensional form, as:
H0 =
3.63U 0.68G 0.49
(
1 − e− 0.68 a/b
)
Q 0.073
(4.14)
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where
H0 =
h
R∗
; G = λ
E∗
; U =
η0U
2E∗R∗
; Q = Fi
E∗R∗2
. (4.15)
The values for E∗ and R∗ are given in equations 4.2. η0 is the dynamic viscosity at
ambient pressure (= 85 mm2/s)11, U the matching velocity between the two bodies (see
section 4.4.3) and Fi the force at a certain point due to the hydrodynamic interactions. The
ratio a/b is the ratio of the semi-axes in the contact point, assumed to be 1 for a circular
contact. The quantity λ is the pressure coefficient of viscosity. For the normal range of
operation it can be approximated by 2.5 × 10−8 m2/N.
The calculation follows the same principle as for the dry contact. After the equivalent
rough surface is generated, the equilibrium position of a reference plane compressed over it
is calculated over the whole profile to obtain the displacement vector. For a given position
d of the reference plane, the gap h of each point within the contact area can be determined.
By using equation 4.14 the force at each point can be determined. The sum of the forces
at each point has to equal the total load applied in the contact. The iterative process ends
when this condition is achieved and a final position d is found.
It must be said that if at a certain position d the reference plane compresses some
asperities, then for these points the elastic compression force given in equation 4.8 is used
to calculate the interaction force. This occurs, when metal-metal contact takes place. A
test at each iteration loop guarantees that this case is considered. For the other points, the
hydrodynamic forces are assumed to be active. In this way, the algorithm can cope with
full lubricated contacts and also with partial metal-metal contact between the surfaces.
Figure 4.18 shows the results of the simulations of the spherical (left) and the cylindri-
cal (right) rolling bearing of table 5.2. The general shape of the curves is the same, but
noticeable differences compared to the dry case can be seen. The first one is that lubrica-
tion and/or the small running time seems to influence the end state of the surfaces. Much
smaller differences between the level of the spectra were noticed in this case. This can be
an effect of the heat transfer avoiding microscopic effects like metal adhesion that changes
the surfaces or even the pressure distribution in the lubricated contact, that has bigger in-
fluence on the ’smoothening’ of the rough surfaces. An exception to this was ball bearing
A. Its level is higher than the other three ball bearings. A possible cause for this effect is
that, due to the short running time, it was still in the running-in process. Its surfaces are
11The lubricant used was a general purpose bearing grease based on mineral oil - L135V [FAG99b].
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still rougher than in normal operation and a slightly higher level can be expected. This is
reproduced in the results of ball bearing A.
Figure 4.18: Results of the simulations of the bearings measured in lubricated conditions (see table
5.2). Spherical rolling bearings (left) and cylindrical rolling bearings (right)
The overall level of the simulations is lower than in the completely dry case, as ex-
pected. What can be noticed, especially for the ball bearing is the decrease in level towards
higher frequencies. This effect is not directly perceived in the plot for the cylinder bearing.
However, the decay of the curves towards higher frequencies is also present. The effect of
the model of lubrication seems to be bigger for smaller contact areas (circular contact in
ball bearings). For the elliptical contact in cylindrical bearings, as the forces are distributed
over a bigger area and consequently smaller, the effect of the extra oil layer appears to be
smaller.
As a summary, it can be said that the lubrication model proposed has the effect of
damping higher frequencies and reducing the overall level of the excitation produced by
the bearings, as seen in the practice. This model, however, is a simplification of the very
complex EHL-contact. Further developments can consider the influence of temperature
(assumed constant here) over parameters like viscosity and density. This field is target of
extensive research and many detailed results can be found in the literature recommended.
4.5.4 The three-dimensional case
In order to extend the analysis of the contact, a three-dimensional version of the model was
developed. Although strictly not essential in the case of rolling bearings (see section 4.2.4),
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the 3D version of the calculations allows a deeper insight in the situation of the contact.
The calculation procedure is just the same: to find an equilibrium position of a fictive com-
pressing plane over an equivalent rough surface. The calculation, however, considers now
every point within a contact area in a roughness plane, instead of a profile. The main ad-
vantage is that more exact calculations can be made and moments in relation to the central
point of the theoretical contact area can also be obtained from the force distribution. This
is advantageous for the case of cylindrical rolling bearings, when calculating the amount of
tilt to which they are subjected during rolling.
Another advantage is the possibility to study how a pitting (modelled as a hole in the
surface) will affect the force and contact distribution within the nominal contact area. Over
the hole, no contact occurs and the force has to be distributed over the remaining area. This
leads to higher local forces, even without the impact of the rolling bodies actually falling
into a pitting.
Figure 4.19: Representation of the three-dimensional contact. The rough surface was synthesised
in the computer.
Figure 4.19 gives an impression of the visualisation tool for the contact. Calculations
were performed through a complete rough surface and then animated to produce the time
development of the force distribution in the contact. At the bottom, the line delimits the
theoretical contact area. Within this area, the contact will possibly take place. Fluctuating
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above the surface is the representation of the force distribution within the contact. One
notices that not all the points are in contact, leading to excessively high forces in some
points. The animation of the results shows how the force distribution changes for every new
iteration, since the roughness distribution changes and consequently the points in which the
contact takes place.
The evaluation of real 3D-surfaces was not possible due to the lack of equipment. The
costs for such measurements are very high and it was opted to generate the surfaces artifi-
cially. The algorithm used to generate the surfaces can be found in [Pat78].
4.5.5 The software SAMBA
The whole development described here was integrated in a software package called
SAMBA (Structural Acoustic Module for Bearing Analysis). The software was developed
in LabVIEW and has the main advantage of supporting a useful graphical interface that
eases the analysis and the modification of the simulation parameters. The choice for this
software environment was also due to the measuring software - also made in LabVIEW
- and the necessity to integrate both. The major drawback is that the graphical interface
demands extra computational time to display big data sets and could compromise the use
for real-time applications. As this is not a real necessity for this stage of the analysis, this
was not a decisive disadvantage. Nevertheless, even for big data-sets, calculation time was
rarely longer than some seconds in an ATHLON 1800+ PC with 512 MB RAM memory.
The software package consists of two main programs. The first one is used for the
analysis of the rough profiles and generation of the excitation signals and the second, that
takes the transfer functions and uses the output of the first module to generate the structure-
borne sound generated by the machine. Auxiliary modules in form of small programs make
the preprocessing like compensating the deviation of geometrical form or combining the
profiles into the equivalent roughness profile.
Summary of the results of this chapter
This chapter described the features of the physical model of the rolling movement in bear-
ings. The main points addressed here can be summarised as follows:
• Engineering surfaces and especially bearing surfaces are rough. Contact models have
to take this fact into account.
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• Surface description and their mathematical description is a challenging task that de-
serves more research.
• The distribution of roughness and asperities throughout a surface depends, among
many factors, on its fabrication process, use and material. This may change depend-
ing on the use of the surfaces and the kind of load at which they are subjected. In
the case of bearings, wear occurs even in very early stages of operation and surface
changes can be measured and correlated to the excitation produced by the rolling
contact between these surfaces.
• A physical model of the excitation produced by the rolling movement in bearings
is now available. It takes into account the state of the surface, loads, geometrical
parameters of the bearings and the dynamics of its movement. As an output, it deli-
vers the time development of the excitation (displacement, velocity and acceleration)
produced by this specific vibration source due to its rolling movement.
• The behaviour concerning the velocity dependence, the load dependence and the de-
pendence with running time were well reproduced by the model for two most com-
mon types of bearings.
• The main focus is on early stages of wear, before material removal on the surfaces
occurs. The model does not consider the non-linear characteristics of impacts, but
assumes a quasi-stationary process.
• Although any roughness profile can be used as input to the model, real situation can
only be reproduced with real measured profiles. A universal surface descriptor or
a reliable surface generator, capable of correctly describing and generating surfaces
corresponding to various wear stages is not available yet.
• The model was extended to the lubricated contact using the EHD-theory. The general
influence of lubricant is the reduction of overall level and damping of high frequen-
cies.
• The model was extended to the three-dimensional contact case. This was tested with
computer generated surfaces.
• Further developments of the model considers calibrating it with the help of more tests
on more measured surfaces corresponding to different wear stages.
Chapter 5
Measurements and simulations on
rolling bearings under running
conditions
This chapter describes the test with the bearings under real operational conditions. They
serve not only to obtain the signals in the running case, but also to prepare the surfaces with
different end-stages, corresponding to different running times, for the posterior measure-
ments of their roughness, described in section 4.2.4.
As stated previously, after the rough surfaces are available, the model can be run and
the excitation can be obtained and compared to the results of the measurements in a real
machine. Therefore, this chapter serves also as a verification of the model against reality.
Altogether 17 bearings were tested. The final aim was to run them until different surface
conditions were reached and to verify how these modifications on the surface influence the
excitation produced by them. More than that, the aim was to analyse not only a specific end
state but to investigate how it could possibly change with different running times regarding
its surface topography and consequent excitation produced by the movement.
It is important to say that the study here will restrict itself to surface modifications
before fatigue damage takes places. Other kinds of damages that could lead to surface in-
dentation or material removal are not among the objectives of this thesis and will not be
addressed here. The main interest relies actually before such phenomena takes place and
how surface configuration reflects itself on the vibration produced by the bearing. Earlier
in this thesis, many examples were given of techniques that deal with monitoring and diag-
nosing bearings with surface damage. They are already well known and well explored in
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the literature, although many open questions still exist. Some of them are: what about the
time before material removal where no ’holes’ on the surface exists and therefore no strong
impacts take place? How big must such a hole be so that its effect can be perceived on
the measurements and/or on the post-processing of the signal? What about the transition
between a regime dominated by surface topography and the one dominated by impacts due
to rolling over damaged surfaces?
The chapter starts with a description of the measurements made. Later, the results are
presented and a critical comparison between measurements and model is given.
5.1 Measurement conditions and results
The tests presented here were made in two main measurement campaigns. The first one
prepared 7 rolling bearings (3 cylindrical and 4 ball bearings. In the second campaign,
9 further bearings were tested. This time, 4 cylindrical and 5 ball bearings were tested.
The main difference between them are the measurement conditions, although the main
parameter was always the running time.
Bearing fatigue life rating and endurance formulas are widely found in the literature
(see for e.g. [Har90] [ISO93a, also supplement sheets 1-4]). These are semi empirical
formulas requiring the establishment of various constants to enable their use. Among the
parameters that may influence fatigue endurance and bearing’s life are their operational
parameters like load, rotational speed, lubrication and of course, finishing and shape of their
surface. The results of the tests are based on statistics from test with numerous samples and
a ’law’ for bearing behaviour is in fact, a mean tendency with corresponding dispersion.
Under normal operation conditions and with optimal lubrication, the degradation of the
bearings would take over 5000 hours. Testing all the samples under optimal conditions
would not be possible within a reasonable time because the test machine available could
only test one bearing at once. Alternatives to speed up the degradation of bearings in
endurance tests are to increase the radial load, to increase the rotational speed or to insert
particles to accelerate wear. In the first case, one is limited by the maximum static load
supported by the bearing that should not be transposed in order not to indent the surfaces.
The second case was not possible because of the limitations of the electrical motor that was
running on its maximum velocity (720 RPM). In the third case, the introduction of particles
would represent a specific case, which could lead to particle incrustation on the surfaces
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and therefore an evolution of wear different of what is found in endurance tests.
Another possibility is to run the bearings under non-optimal lubrication conditions.
This leads to a sufficiently fast alteration of the surfaces and allows the test of various
bearings. The final condition of a surface run under lack of oil is a better approximation
of long running times with proper lubrication [DJ99] and therefore this last technique was
used and reproduced on the model .
5.1.1 First experimental campaign
All bearings lacked oil during the tests. The tests were performed either with the small
amount of oil used in the package to avoid oxidation (the case of the cylindrical rolling
bearings) or they were thoroughly cleaned and some drops of machine oil were added
before assembling the bearings (in the case of the ball bearings). No further lubrication
was provided during the tests. This means that the amount of oil provided was not enough
to provide a constant and thick enough lubrication film for safe operation without metal-
metal contact. However it provided enough lubrication to avoid direct metal-metal contact
during running-in and during the first small plastic deformations of the material of the races
and rolling bodies that occurs in the initial phases of operation.
Table 5.1 below shows the conditions for the 7 bearings of the first experimental cam-
paign. The rotation frequency was kept constant at 720 RPM as well as the radial load of
16 kN. Exception to the cylindrical rolling bearing 1, with 32 kN.
Name Radial Load (kN) Rotation (RPM) Running Time
Cylinder 1 32 720 9h16′14′′
Cylinder 2 16 720 1h13′01′′
Cylinder 3 16 720 4h23′15′′
Ball 1 16 720 0h07′59′′
Ball 2 16 720 4h54′17′′
Ball 3 16 720 0h09′34′′
Ball 4 16 720 0h15′36′′
Table 5.1: First tests on dry bearings with controlled load and rotational frequency. Note that the
small running times are due to accelerated wear in dry conditions and to avoid fatigue damage
of the surfaces.
Each bearing has an outer diameter of 100 mm and an inner diameter of 55 mm. The
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ball bearing had 10 rolling spheres (14.29 mm diameter) and the cylindrical rolling bear-
ing had 17 cylinders (12 mm diameter and 14 mm length). The appendix gives further
informations about the bearings. They were run from a brand new condition until different
running times were reached. After that, they were carefully dismounted and cleaned for the
measurements of the roughness.
The ball bearing 2, after dismounted, showed ’pittings’ over its load zone (see the left
side of picture 1.2). The material removal was so strong that the attempt to measure its
roughness could damage the measuring needle. It was, therefore, discarded. The other
bearings where in what can be called ’run state’ and their surfaces could be measured and
the data used for the simulations.
Figure 5.1 shows the results of the measurements of the bearings of table 5.1. The
general behaviour that can be noticed for both spherical and cylindrical rolling bearings is
that, for this early stages of operations, the increase of running time is accompanied by an
overall increase of level. No accentuated increase of specific frequencies can be noticed
in the range analysed. Another point is that the difference between the first measurement
and the subsequent ones is much bigger. In the very early stages of operation, the residual
lubricant is being distributed over the whole bearing. At the same time, plastic deformation
of the asperities is taking place, diminishing the roughness of the surfaces. This leads to a
generally smaller amplitude in the beginning. The subsequent measurements, taken after
this somehow ’stable’ operation state is achieved, show a smaller level difference between
them. They can be considered to be taken after the running-in process. In this stage, the
operation is stable and vibration will little increase with time. Only after material removal
at the surfaces an accentuated RMS increase of the overall vibration can be noticed, mostly
due to increase of the level of specific frequencies related to the bearings dynamic.
It is very difficult to decide when to stop the tests. One wants to investigate all the pos-
sibilities and stages of wear just before a pitting occurs. This phenomenon starts as a crack
under the surface so that visual inspection would not be possible. An X-ray or other non-
destructive test was not available and would be difficult to be made in a mounted situation.
An RMS-analysis of the vibration would only be sensible after a relative advanced mate-
rial removal and would restrain the roughness measurements. At the same time, surface
changes should be perceptible and modifications should be representative of their wear,
without interfering with the measurement device. The solution found for that was to hear
to the sound and feel the vibration of the machine, and accompany the instantaneous time
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Figure 5.1: Results of the measurements of the bearings shown in table 5.1. At the left are the
spherical rolling bearings and at the right the cylindrical ones.
and frequency signal. At some arbitrary point, helped by previous experience with prelimi-
nary tests, the machine was stopped and the bearing was opened, cleaned and its roughness
measured. Although this method eventually did not equally covers all the wear stages of
the surfaces, it prevented missing various test-bearings and making them unusable for the
experiments. Nevertheless, as claimed in section 4.4.5 this can be a rather accurate way to
access the state of a machine and proved to be the most efficient one in this case.
It should be also said that the mentioned behaviour of increasing level with increasing
running time is not reproduced for all frequencies. Also that changes in the shape of the
curves and even lower levels in the bearings with higher running times occurs. This is not
only an effect of measurement uncertainties, but also due to the predominance of the modal
structure of the machine and the bearings themselves. They show their influence in the
measurements.
Another effect, the temperature, had also influence on the results. Temperature gradi-
ents of 40◦C in the external part of the housing and up to 70◦C on the outer part of the
outer ring indicates that the temperature at the contact could even be higher than that. Tem-
perature can change the dynamic behaviour of the machine, of the lubricant and can even
change the transfer function due to uneven temperature-induced stress and strains.
The transfer functions were measured for the static case. With movement the influence
of other machine parts or the dynamic excitation produced by the movement may have
an extra influence and lead to the results shown before. It is difficult to identify in the
measurements each resonance found in the transfer functions. Changes on the curve’s trend
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also indicates influence of the measurement conditions and uncertainties. Nevertheless,
the significant correspondence between them confirms that the measurements were able to
correctly capture the development of wear between the bearings tested and confirms the
dependence of level due to increase in wear with running time.
The difference in the end state of the surfaces could be depicted by visual inspection.
An example of it is given in the right side of figure 1.2. One notices that the races have been
used and altered. In some of them, the effect of temperature in the contact could be noticed
by a change in the colour of the metal parts, also due to the burning of the small amount
of oil. However, only the measurement of their roughness can well depict the differences
between them.
5.1.2 Second experimental campaign
Table 5.2 shows the tests made in the second experimental campaign. In this case, the
bearings were run with lack of lubricant to accelerate wear. The machine was then stopped,
the bearing lubricated, and run until the end-state was reached. After that, the procedure
was the same and the surfaces were again evaluated. In this second campaign, loads were
kept at 16 kN and the rotation at 720 RPM. The parameter was the running time and the
consequent surface change.
Name Running Time Running Time Running Time
(Dry) (Lubricated) (Total)
Ball A 0h 07’ 34” 0h 09’ 12” 0h 16’ 46”
Ball B 0h 08’ 18” - -
Ball C 0h 09’ 48” 0h 49’ 37” 0h 59’ 25”
Ball D 0h 39’ 27” 0h 32’ 20” 1h 11’ 47”
Ball E 0h 17’ 36” 0h 22’ 10” 0h 39’ 46”
Cylinder F 0h 13’ 10” 0h 39’ 14” 0h 52’ 24”
Cylinder G 0h 17’ 59” 0h 19’ 50” 0h 37’ 49”
Cylinder H 0h 06’ 47” 0h 18’ 36” 0h 25’ 23”
Cylinder I 0h 24’ 12” 0h 08’ 16” 0h 32’ 28”
Table 5.2: Second experimental campaign. All bearings were tested with a radial load of 16 kN and
a rotational frequency of 720 RPM.
The spherical rolling bearing B was damaged in the tests and had to be discarded. De-
spite the short running time, its cage was deformed and grinded. Brass particles incrustrated
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in the surfaces and the additional heat generation caused the bearing to dilate and slip in
the shaft, causing it to clamp. As a result, not only the bearing was lost, but also another
shaft had to be made1.
Figure 5.2 shows the results of the very last measurements taken in the lubricated situ-
ation, corresponding to the total running time. What can be noticed in comparison to the
complete dry case is that the overall level is lower, due to the extra damping provided by
the lubricant. Another remarking feature is that the roughness with small wavelengths are
almost totally covered by the lubricant film. This results in the descending level over 2-3
kHz, similar to a low pass filter. This behaviour is overwhelmed by the influence of the
transfer function over 20 kHz. Over this frequency, the level increases again, just like in
the transfer function.
Figure 5.2: Results of the second experimental campaign with the use of lubrication (see Table 5.2)
for ball bearings (left) and cylindrical rolling bearings (right).
Another interesting feature of the lubricated case is that the differences in level with
the running time are not as big as in the dry case. The effect of lubricant seems to mask
changes in the surfaces that were better depicted before. In fact, the lubricant acts as a layer
between the surfaces and floods the ’valleys’ in the surface topography. Lubricants are even
designed to complete separate surfaces by a thin layer if appropriate operational conditions
are guaranteed. This case can be seen in the results, together with an extra effect that can
1This event made very clear the necessity of machine diagnosis depicted in chapter 1. Although excessive
vibration was present, in just some minutes a break down took place. As a result, three skilled technicians
had to work two full weeks to make a new shaft. The costs were around ten times bigger as the purchase
price of the bearing.
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be explained by the influence of the modal structure depicted in the measurements of the
transfer function.
5.2 Comparison between simulations and measurements
The previous sections in this chapter described the measurements made in running condi-
tions. This corresponds to the actual situation of the structure-borne sound generated by
the machine. In this section, these results are compared with the simulations made with the
help of the model of the bearing presented in chapter 4 and the transfer functions measured
in chapter 3. The convolution of the simulated time signals of the bearing’s excitation with
the impulse response of the machine, as indicated in equation 1.1, generates a simulated
version of the structure-borne sound of the machine [MJB+03].
Figure 5.3 shows a comparison between measured and simulated results for spherical
(left) and cylindrical (right) rolling bearings.
Figure 5.3: Comparison between simulations and measurements of the structure-borne sound of a
spherical (left) and a cylindrical (right) rolling bearing.
It may seem at first glance that the differences are big and that they do not correspond
to each other. However, the direct comparison between the results of the measurements
and the ones of the simulated versions of the structure-borne sound is an inglorious task,
not only due to immense uncontrollable factors in the measurement but also because of the
limitations of the model. A direct comparison is therefore, still limited at this stage of the
research. Conversely, the comparison of the tendency followed by the measurements and
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simulations seems to deliver more interesting results.
It was already mentioned that in the early stages of operation changes on the surfaces
of the bearing due to wear will tend to have an influence over a wide spectral range. Since
each bearing was run from new to a certain end time, an overall level increase with the time
is to be expected. In figures 5.4 and 5.5 this comparison is made. For the spherical and the
cylindrical rolling bearing, the one with the shortest running time was chosen as reference
(ball bearing 1 and cylindrical rolling bearing 2). The spectra of the other bearings (see
table 5.1) were divided by this reference to obtain the variation of the level in the frequency
domain depending on the running time. Of course that the result for the reference bearing
is a straight line at 0 dB.
Figure 5.4: Tendency graphics of the measured spectra as a function of the running time (left) and
the corresponding graphic for the simulations (right) for the spherical rolling bearing. Spherical
rolling bearing 1 was taken as reference (shortest running time).
The accentuated differences in the results of cylindrical rolling bearing 1 are due to the
fact that it was simulated for a radial load of 32 kN and compared to cylinder 2, simulated
for 16 kN. As indicated before, this leads to differences in the position of the minima and
consequently to the behaviour shown in figure 5.5.
It can be seen that not only the relative level, but also the tendency of the modifications
of the level with increasing running time could be relatively well depicted in the simula-
tions. The direct comparison between simulations and measurements delivered reasonable
results. However, considering the reasons mentioned previously, the comparison of the re-
lative behaviour delivers much better results. This reinforces the adequacy of the model in
describing the behaviour of the bearing.
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Figure 5.5: Tendency graphics of the cylindrical rolling bearing for the measured signals (left) and
the simulated ones (right). Cylindrical rolling bearing 2 was taken as reference (straight line at
0 dB).
Figure 5.6 presents the same comparisons with the bearings of table 5.2. The first point
to be noticed is that the effect of lubricant diminishes the differences between the differ-
ent running times. This effect is not only present in the measurements. The lubricant,
as expected, diminishes the wear of the surfaces and no substantial changes could be no-
ticed. This is also an indication that the running time was very short to produce significant
changes in the surfaces to be perceived in the measurements and to overcome the effects of
the lubricant. The operation in dry conditions seems also to be insufficient to cause major
changes in the bearings, as in the first experimental campaign. However, as mentioned, it
is always difficult to decide when to stop the tests and once the bearing is opened for the
measurements, it cannot be mounted in the machine anymore.
A particularity of the tendency graphics of the simulations is that they are shown rel-
ative to ball bearing A. This bearing has a much higher amplitude than the other bearings
simulated (see figure 4.18). Therefore, the relative graphics have a lower level and seem not
to correspond to the measurements. Due to its reduced running time in dry conditions (and
also total time), it is possible that the ball bearing A was still in the running-in process,
where higher asperities are smoothed and the general vibration slightly decreases. This
feature was kept in the measurements of the roughness profiles and had an influence on
the simulations. This particularity was not perceived in the measurements, as in the other
cases, because they were taken in the fully lubricated situation, where a minimum oil film
thickness is guaranteed and much of the effect of higher asperities vanishes. Nevertheless,
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Figure 5.6: Comparison between the tendency of the measurements (left) and the simulations
(right) for the spherical rolling bearing. Bearing A was taken as reference.
the trend of the curves is also representative of the behaviour of the bearings, like before.
Figure 5.7: Comparison between the tendency of the measurements (left) and the simulations
(right) for the cylindrical rolling bearing. Bearing H was taken as reference.
In the case of the cylinder bearing (figure 5.7), the trend of the curves is relatively well
reproduced in the amplitude. All small features of the measurements cannot be reproduced
by the simulations, but the general tendency could be captured in the simulations.
Summary of this chapter
In general, the main features of this chapter can be summarised as follows:
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• The wear of the bearing’s surfaces was fastened by running them with lack of lubri-
cation.
• Tests were performed from a brand new stage up to a point before material removal
of the surfaces occurred. The running time was the parameter under investigation.
• The overall increase in level due to wear, even in this very early stages of operation,
were well depicted in the measurements (and in the simulations).
• Dynamic effects, temperature and other sources of vibration can have major influence
on the measurements, whilst not entirely depicted by the simulations.
• Lubrication has the effect of reducing the overall level and also of filtering frequency
content in higher frequencies.
• The effect of the modal structure of the machine masks (hides) the damping effect of
the lubricant for higher frequencies in the case analysed.
• The effect of the lubricant seems to hide or diminish the influence of the running
time in the spectra of the measurements compared to the dry case, where the level
differences were bigger.
• The comparison of the relative spectra of measurements and simulations delivers
interesting results and reinforces the adequacy of the last to explain the behaviour of
the bearing.
Chapter 6
The Inverse Problem
Up to this point, the focus was set on the direct problem i.e., the analysis of the system. In
other words, the interest was to fully understand and describe the mechanism of generation
and propagation of vibration from the source to the sensors. The question that arises now
is: what about the way back? Would it be possible, starting from a measured vibration on
the machine’s housing and using the information gained until now, to calculate back the
vibration generated by the bearing and, furthermore, the actual state of the surfaces? After
all, the objective is to try to access back the situation of the bearing’s surfaces without
having to stop the machine and inspect them, but solely with the help of common vibration
measurements and signal analysis.
This chapter deals exactly with this task: the inverse problem. A simplified model,
using adaptive filtering and de-noising techniques, was used to extract the bearing signal
out of the whole vibration of the machine. In contrast to common procedures to de-noise
[Are04], no additional noise pattern in form of a vibration signal far from the source of
interest, is needed. This represents an advantage, as one additional sensor could be sup-
pressed. As a full description of the source is available (the model described in chapter 4),
it can be used with advantage to extract the noise pattern out of the measured signal. In a
further step, other measurements can be de-noised and in this way, the bearing’s vibration
signal can be isolated.
6.1 Theoretical background
When analysing any system, one sometimes deals with the challenge of isolating the in-
fluence of only one component, and suppress the influence of everything else, to ease the
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analysis. In a machine, one can imagine that a vibration sensor positioned on its housing
would ”feel” the influence of different moving parts, for example, different bearings, gears,
couplings etc. Even measuring near the source of interest (when it is possible to reach this
point) is not a complete guarantee that only this one source will be measured. Nevertheless,
it can happen that one source is so dominant that its signal superimposes the ones coming
from other vibration sources. This can be the case when one component is severely dama-
ged. It is therefore necessary to have methods available that are able to separate signals
from different sources.
A simple case consists in extracting signal from a noisy environment1. Making averages
of the signal would represent a net gain of 3 dB in the signal-to-noise ratio of the correlated
signal per average [Vor06b]. However, this reflects an improvement of the quality of the
measurement, but does not separate the contributions of the sources. Later in the next
section, a broader definition of noise will be used for the approach adopted.
The methodology for de-noising relies on the measurement of the signal of interest
together with an accompanying measurement far from the source of interest. This mea-
surement far from the source of interest will be considered as representative of the envi-
ronmental noise and to the influence of all other sources present. This is used as pattern to
an algorithm that extracts this information from the measured signal and one obtains as a
result solely the source of interest.
Rubini and Meneghetti [RM01] use this idea to extract useful information for diagnosis
from bearings with small pittings. They also use wavelets in the solution. Arenas [Are04]
uses similar techniques to enhance vibration signals. In both cases, they rely on the de-
terministic characteristic of the signal, i.e. a small indentation or pitting on the bearing’s
surface already exists and deterministic impacts related to the rotating frequency are no-
ticeable in the time signal. Lin [Lin00, LZ03, LZF04], at his turn, postulates that the noise
disturbing his measurements is Gaussian and analyses the influence of the threshold in the
de-noising algorithm.
The success of these approaches relies on some facts. First one is that the character
of the signal coming from one source dominates the measured signal. If it is immersed in
noise, de-noising is difficult. This was the main difficulty found in their research, as it only
works effectively if the character of the defect dominates the measured signal. Secondly,
the dominant signal overcomes the influence of other sources and after the de-noising, only
1Noise in this specific case refers to low quality of measured signals, electrical interference in the measu-
rement chain and other sources of uncorrelated interferences.
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this signal is present.
The second fact is that the quality of the de-noising pattern has to be good, i.e., it has
to well represent all other noisy sources, whilst containing very little information about the
source of interest. This idea is in reality more like a “hope” that the influence of a certain
source will not be so strong far from this source. In fact, as seen in chapter 3, the modal
structure of the machine and the very small damping in the propagation through metals
can lead to high vibration amplitudes of certain frequency components related to a certain
source, even far away from it. One can even have higher levels distant from the source,
depending on the complexity of the structure and the propagation paths. This is one of the
main problems for the general use of such techniques, the information about the transfer
path is not included in the analysis. This work, in special chapter 3, is the proof that this
fact should not be neglected if one wants more reliable analysis (see also [Ise06b] for an
example on the same problematic and alternative solutions).
Additionally, it should be cleared that the de-noising of a signal is not a guarantee that
one isolates one specific source. Only in the case that this source is dominant, it can be
assumed that the result of the de-noising had isolated it. In this sense, solely the de-noise
approach is not an efficient way to separate sources.
Whether relying in the impulsive nature of the signal or by postulating the type of noise,
a question remains: is it possible to de-noise signals with any characteristic and in early
stages of bearing operation?
The next section presents successful results of the de-noising technique by slightly
changing its procedure. In this case, instead of a measured patterns, the model of the
bearing was used to produce the de-noising pattern.
6.2 De-noising measured signals
The mathematical approach to the problem of de-noising consists in assuming that a mea-
sured signal S(t) can be represented as a mixture of the signal of interest x(t) and a residual
part N1(t), as showed in the equation below:
S (t) = x(t) + N1(t) (6.1)
The term noise here, represented by the term N1(t) in equation 6.1, should be understood
in a more wider sense. It does not refer only to electric interferences, dynamic ranges or
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problems with the measurement equipments, but it also includes all the sources that are not
being investigated at the moment, i.e., that are not of interest for the analysis to be made. In
the case of structure-borne sounds of machines, many different sources in the machine will
have specific frequency components related to the rotational frequency and its harmonics,
which makes the separation of the contribution of each source more difficult.
Usual techniques used to suppress noise needs a reference signal N2(t) [Are04]. This
signal N2(t) should be uncorrelated to the source of interest (x(t)) and correlated to the
signal N1(t). It will be used as pattern for the de-noising algorithm. The signal N2(t) can
be obtained by measuring the structure-borne sound far from the source to be investigated.
This reduces the influence of the source of interest while capturing the features of all other
sources not correlated to this one.
This whole process of de-noising could be mathematically thought as a procedure to
reduce the quadratic error e(t). The error e(t) is the difference between the desired signal
(x[n]) and its approximation through the filtering of the measured signal. The problem is
to calculate the coefficients of a filter function that approximate the uncorrelated part N1(t)
of the signal S[n] using the pattern signal N2[t]. The algorithm used to this is the Recursive
Least Square. This algorithm is easy to program and has good performance when working
in time-varying environments. It feeds the information in a certain time (t-1) to calculate the
result at time t. Additionally, the algorithm uses a “forgetting factor” 0<l<1 that reduces the
influence of old data. The major drawbacks of this type of algorithm is a certain increase in
computational complexity building the filters and some stability problems. The necessity
of adapting iteratively the filter with information of previous iterations comes from the fact
that for signals with unknown statistical properties, fixed algorithms with fixed filters are
not efficient.
In the approach proposed here, a major difference in comparison to the usual methods
described above is made. Instead of using an extra accelerometer to obtain N2(t), the phy-
sical model of the bearing is used. In usual approaches, the desired signal x(t) is not
known and therefore, the only possibility to obtain it is to de-noise the measured signal
by eliminating the uncorrelated part with the help of N2(t).
Thanks to the development described in chapter 4, the source was physically modelled,
so that, in principle, one has an approximation of the signal x(t). This approximation of x(t)
can be used, in a first step, as a reference signal for the de-noising algorithm. It means that,
by using this approximation as reference signal (pattern), one can extract the wanted source
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(bearing) from the measured signal. The resulting signal is the noise, or the uncorrelated
part, that should be a good representation of the signal N2[t]. Assuming that, under the
same operation conditions, sensitive changes on the measured signal will solely be caused
by the wearing of the bearing, the signal N2(t) (and its approximation) can be assumed to
remain unchanged, independently of which type of bearing is under test at the moment.
This hypothesis is also supported by the fact that the bearings were run in dry conditions
to accelerate their wear (see chapter 5). Therefore, changes in the bearings will be bigger
than the ones in the other parts of the machine.
In this way, the second step is now to feed this approximation of N2(t) in the de-noise
algorithm as pattern to extract the wanted signal from the other measurements coming from
other bearings. Once an approximation of N2(t) is obtained, it can be used as pattern to de-
noise all other measurements.
This alternative approach can also be considered as a verification of the physical model,
as the delivered results would only be good if the model was able to reproduce well the
vibration of the bearing. Apart from that, an extra measured channel to get N2(t) is not more
needed, since the de-noising pattern is artificially produced with the help of the bearing’s
model [JA05, J. 05].
Figure 6.1 shows the results of the denoising plotted together with the simulated signals
of the excitation produced by the bearings 3 and 4 (according to table 5.1).
Figure 6.1: Comparison between the spectra of the simulation of ball bearing 3 (left) and 4 (right)
and the de-noised real measurement of their vibration. Note that the measured signal was de-
noised using the simulations of a bearing of the same kind (ball bearing 1) in a different wear
condition.
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For the de-noising of the ball bearings, the simulated vibration signal of the ball bearing
1 was used to produce the reference pattern signal (approximation of N2(t)) to de-noise ball
bearings 3 and 4. In the case of cylindrical bearing, the simulated signals of cylinder 1
was the reference. In principle, the sources in the machine should be independent of the
vibration of the bearing. Therefore, as long as a good description of the bearing is available,
all other contributions to the whole vibration could be isolated of this source and one could
de-noise data from cylindrical rolling bearings using a ball bearing as reference to isolate
the noise. However, as in this approach the establishment of a reference is dependent on
the model of the source and the contact conditions for different types of rolling bodies is
different, as well as its mechanical coupling with the surrounding structure, it is important
to be coherent in the choice of the reference signal to de-noise different types of bearings.
Figure 6.2 shows the results for cylindrical rolling bearing 2 and 3.
Figure 6.2: Comparison between the spectra of the simulation of cylindrical rolling bearing 2 and
3 and the de-noised real measurement of its vibration. The measured signal was de-noised using
cylindrical rolling bearing 1 in a different wear condition.
The results shows that it is possible to isolate the contribution of the vibration of the
bearing in a stationary operational condition. The trend of the spectra could be well repro-
duced.
The discrepancies on the results are due to the difficulty to accurately model every single
effect on the bearing and the influence of all parameters and all possible sources of vibration
under running conditions. These uncertainties on the model and the fact that it is used as a
basis for the de-noising process, leads to the differences between the results. An additional
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reason for the discrepancies for the cylindrical rolling bearings is that the reference bearing
was tested under a different loading condition, which changes the situation of the contact
on the bearing and therefore the results of the simulation. Nevertheless, the main trend
could be well depicted for cylindrical and spherical rolling bearings showing that the main
effects could be satisfactorily described in the simulations. It must be said that due to the
reduced running time and not so advanced wear situation of the machine, the deterioration
of the whole condition and modification of the vibration signal will be mainly caused by
the wearing of the bearing. This improves the quality of the results.
Above 10 kHz, further effects present on the measurements not covered by the simu-
lations are relevant and therefore not more reproduced in the results. Above these fre-
quencies, the influence of the waviness and roughness of the surfaces in the vibration of
the bearing start to have their influence overwhelmed by other factors and the correspon-
ding trend is not more reproduced. Among the main influence is the modal structure of
the transfer function, transient factors like impacts in the measurements (not considered
in the simulations) having influence in wider frequency ranges, dynamic and mechanical
coupling effects, among others. Not to mention the limitations of the de-noising algorithm
itself, which is based in a pattern comparison with a given threshold.
Nevertheless, the promising results encourage further investigations and attest the ca-
pacity of the physical model to describe and predict structure-borne sound of both spherical
and cylindrical rolling bearings. It also reproduces well different stages of wearing of the
surfaces, which is important to follow up the development of degradation in bearings. It
is still to be tested if this tendency will be repeated for very advanced stages of wear and
pronounced spectral components related to the rotational frequency. For this purpose, an
extension of the model to cope with impacts on defects have to be made.
Further developments concern the test of more bearings under different conditions, ac-
companying also the wearing process, and the improvement of the model to accomplish
other effects and extend the frequency range of the prediction. A summary of major re-
searches in wear and crack grow that may help this issue is summarised below.
Relating wear to the surface conditions
One point that remains is the inclusion of a model of wear of surfaces in order to predict
their modifications. As mentioned, if this is accompanied with measurements of different
surface conditions in order to mount a database of ’wear stages’ and ’excitation signals’, it
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would be possible to make predictions about the development of degradation.
Different types of wear can occur like abrasive wear from particles, release of surface
material due to fatigue, adhesive wear and others [GN01].
Some interesting results are reported in the literature. Ao et al. [AWC02] simulates the
wear process of surfaces. They use experiments in the block-on-ring apparatus2 to obtain
parameters to the creation of artificial surfaces based on a statistical distribution of heights.
Their test parameters are Rq, Rsk, Rku and the non dimensional autocorrelation function of
the surface. His results show some success in a very special situation.
Dwyer-Joyce describe specific tests in bearings [DJ99] regarding debris contamination.
Although a special case, he already makes a specific analysis in bearings with encouraging
results. Olofsson et al. [OAB00] analyses the roll-sliding movement of thrust bearings and
obtain good results using the classical Archard wear theory.
When cracks and failures are already present, some ideas about crack growth are re-
ported in [KH01, DBHR02, DL02].
Summary of this chapter
As a summary of the achievements in the attempt to solve the inverse problem, it can be
said that:
• To recover the excitation signal from a specific source or to separate it from other
vibration sources or noise is a desirable target and extremely useful for reliable diag-
nosis
• A way to do this separation is the de-noising of measured signals. However, its
success relies on the dominance of the specific source of interest and the quality of
the de-noising pattern, usually measured far from the source of interest.
• An alternative for the de-noising is the use a physical model of the bearing’s signal,
when available, to indirectly obtain the pattern for the de-noising of further measure-
ments.
2This apparatus is made of a block pressed over a turning ring. The load over the block can be controlled
and it is made of a very hard steel. The ring’s surface will be submitted to wear due to friction and its changes
can be measured later.
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• Results show that the de-noising works well. More than that, as the bearing is the
main vibration source in the test machine, the de-noising process could also isolate
it well.
• Trends are well depicted up to 10 kHz. Small discrepancies between simulated and
de-noised signals are due, among other things, to the complexity in the modelling,
transient/dynamic behaviour in the measurements and limitations of the algorithm.
• The success of the results reinforce the accuracy and predictability of the physical
model of rolling bearings presented in chapter 4.
• Future investigations should verify the adequacy of this approach to severe surface
damage like pittings.
• The solution of the entire inverse problem needs a correlation of the actual bearing
signal with the wear situation of its surfaces. This is very complex and still an open
problem. For this task, a more extensive database of experimental results is necessary
in order to obtain more reliable conclusions.
Chapter 7
Summary and Outlook
Summary
Although very used and present in almost every application where turning movement has to
be supported with low friction, rolling bearings are extremely complex mechanisms, sub-
jected to intense research all over the world. Great effort has been made to try to deepen
the understanding in the parameters influencing its operation and lifespan. Nevertheless,
the heuristic involved in classical lifespan calculation is able to cover the average case in
ideal conditions. This serves as a guideline, but exceptions are not satisfactorily covered
by this theory. During operation, transient regime, short time modifications of the opera-
tion conditions concerning loads, lubrication, rotational frequency, particle contamination,
among others can significantly alter the lifespan of these components. These alterations
are usually to diminish the theoretically expected life of the bearings to prejudice of costs,
smaller intervals between maintenances and even frequently unwanted breakdowns.
Therefore, the main objective of the recent research in this field is to follow up the
condition of this machine part. Furthermore, it would be desirable to be able to rightly
interpret the vibration of the machine and to access the condition of the bearing. This has
to be ideally reliable and univocal to avoid unnecessary stops for inspection.
This very ambitious objective cannot be achieved without a deep understanding of what
is really happening physically in the bearing, not to mention how this information can be
captured and how it can be significantly interpreted.
This work gives a contribution to the understanding of the mechanisms of generation
of vibration in bearings through an adequate physical model and mathematical description
of the problem. It alerts also that the generated vibration may be significantly changed in
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its way from source to sensors and that it is dependent on various parameters. Only with
this knowledge it is possible to correctly find ’the way back’, i.e., to have evidences of the
actual bearing’s condition without having to stop the machine and inspect it, but solely with
the help of physical quantities that can be measured externally.
This work follows a physical approach to the problem of generation of vibration due to
the rolling contact in bearings. The model uses as input parameters the rough surfaces of the
outer ring, inner ring and the rolling bodies and concentrates in early stages of functioning
where surface defects in form of material removal on the surfaces did not yet take place.
The dynamic of the bearing as well as its geometrical parameters are used to create a time-
dependent signal that should represent the vibration produced by the bearing movement
that is imposed to the surrounding structure, i.e., the machine.
The machine, at its turn, was described through the experimental evaluation of its trans-
fer function, i.e., the influence of the path over the excitation from its source (the bearing)
to the place where it is usually measured (the machine’s housing). The experimental e-
valuation tried to represent as close as possible the real situation, in order not to change
the characteristic of the transfer functions. For this reason, special piezoelectric actuators
made out of a rolling body were built and calibrated. They could be mounted in the bearing
and also allowed the bearing to be mounted in the position in which it usually operates.
The transfer functions show a dependence in the compressing radial load and also in the
angular position of the actuator inside the bearing.
Extra built-in sensors allowed measurements very close to the bearing, showing that the
modal structure of the machine is excited and is responsible for changes in the bearing’s
signal.
With a description of the source and the influence of the path, simulated versions of
the structure-borne sound could be produced. For the verification, measurements in the
running machine were made and served to prepare the bearing’s samples with different
running times whose surface roughness were later measured to serve as input to the model.
Two types of rolling bearings were tested: with cylindrical rolling bodies and with spherical
ones.
The initial step of the inverse problem was made and the bearing’s signal could be
extracted out of measured signals. The second step remains open, i.e. to relate this signal
to the condition of the surfaces.
Further insight was given into the analysis of machines through the idea of listening
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to its sound. The auralisation of machine noise can give extra information and not only
different types of bearings, but also different surface conditions could be distinguished in
audible versions of the structure-borne sound.
The development described here was summarised in a software package for off-line
analysis. It deals with the 2D and the 3D case.
Concerning the model, the analysis made does not concentrate on the calculation of
subsurface stresses, although the forces in the contact are calculated. A direct development
of the model could be the calculation of fatigue limits and trying to combine it with wear
theory in order to try to predict the appearance of pittings and even make lifetime predi-
ctions. The analysis concentrates in the early stages of operation, where small changes of
surface roughness are responsible for the change in the excitation produced by the bearings.
The model uses as parameters the geometry and type of the bearing, the operational
conditions like load and rotational velocity and roughness measurements taken from the
bearing’s races and rolling bodies. This information is combined and serves as input to
a model that calculates the rolling movement over a rough surface. This is considered a
quasi-stationary process and delivers displacements, velocities and accelerations of these
sources.
Accurate behaviour regarding the dependence on the load, rotational velocity and run-
ning time was observed in the simulations. Comparison with other models shows improve-
ments and results more close to the measured results.
A model that is able to describe the time development of this excitation mechanism in
bearings expands the possibilities of analysis and can be used to further relate this excitation
to the condition of the bearings.
The model deals with the rolling contact. No evaluation of impacts due to deep defects
on the races were made. A further development could be the consideration of this phe-
nomenon and the evaluation of the possibilities of superimposing the effects of rolling and
impacts in order to extend its limits of validity. This seems to be a very challenging task.
A simple approximated model of lubrication, based on the EHL-theory was presented.
Using classic results from the literature, the lubricated contact was adapted to the previous
dry-contact model, keeping the influence of the rough surface over the contact. In summary,
it can be said that the effect of lubrication in the contact is of lowering the overall level and
damping the effect of higher frequencies.
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Lubrication is a rather challenging research field. The model presented is a simplifica-
tion of the reality, but could depict the main features of the lubricant behaviour. Further
developments could include the influence of temperature over lubricant parameters, but still
taking the rough contact into account.
The direct comparison between measurements and simulations shows a relative good
agreement and confirms the approach proposed. However, the most promising results are
obtained by comparing the tendency of the graphics of simulations and measurements us-
ing the running time as a parameter. For this kind of comparison, the results show good
correspondence. Not every particularity or possible variation occurring in the measure-
ments are depicted in the model. Nevertheless, it has shown to be a good descriptor of the
rolling movement of bearings in early stages of operation.
Concerning the transfer functions, the full dependence on the load, position of the ac-
tuator and type of bearing could be depicted in the measurements for a large frequency
range. The important fact about them is that the signal generated by a source inside the
machine will be changed in its way to the measuring sensors, usually positioned on the
machine’s housing. Disregarding this influence may lead to errors in the analysis of the
vibration, whilst this information can give further understanding in the vibration analysis
of a machine.
The transfer functions appear to have a determinant influence at the load zone, decrea-
sing in level toward the opposite side of the bearing. The mechanical coupling between the
actuator and the races determines not only the quality of the signal, but also the frequency
distribution. The modal structure and the complex wave field inside the machine could be
well depicted in measurements near the bearing.
No influence of temperature and movement could be depicted in the measurements.
These may have also an influence in the measurements under running conditions.
Concerning the inverse problem, an alternative approach for the de-noising of measured
signals in machines proved to work well. Once the physical model of the bearing’s vibration
is available, it can be used to obtain a de-noising pattern out of the measured machine
vibration signal. This pattern can in the sequence, be used to de-noise measurements made
in the machine for the other bearings. This suppresses the necessity of an extra sensor, as
in common approaches.
The trends in the frequency domain were well depicted up to 10 kHz, when comparing
de-noised signals with simulated ones for the cylindrical and the spherical rolling bearings.
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This was used also to reinforce the predictability and adequacy of the model, proving its
usefulness in describing the generation of excitation in bearings in early stages of operation.
Particularities of the spectra were not in totally reproduced. This is caused by the comple-
xity of problem and the impossibility to simulate all parameters influencing the movement
of the bearing.
Outlook
This work shows an experimental and theoretical approach to the rolling movement and
rolling dynamic in bearings in dependence on different operation conditions. It analysed
the complete signal chain from signal generation, through the way to the sensors and back.
The results reinforces the adequacy of the approach proposed. From this analysis, diverse
interesting questions could be solved and a new insight to the field of machine analysis and
diagnosis was gained. From the basis developed here, many other questions arise and await
to be addressed.
This approach proved to be adequate to obtain the bearing’s signal out of measured
machine vibration. The success is closely related to the dominance of the bearing’s sig-
nal among the vibration sources in the test machine, in this case. Further developments
should test the adequacy and limits of the de-noising algorithm in the case of severe sur-
face damage. Also, in order to complete the inverse problem, a comprehensive database
of wear stages in bearings and the corresponding relationship between the signal generated
by it and the vibration captured, should be done. In this way, vibration patterns and surface
conditions can be adequately compared to the results of the simulations and the relation
between them can be determined in a more reliable way.
The main advantage is that one sensor can be suppressed, as the de-noising pattern can
be obtained with the help of the physical model available. The results are very positive
and further research in this field seems to be promising, also considering the advantages of
isolating the influence of specific sources.
More sophisticated and reliable methods are available. These methods uses the Blind
Source Separation. This is a promising technique and deserves to be deeply investigated
in its applications to structure-borne sound in machines. In this case, special algorithms
are used to separate different sources from measured signal without prior knowledge about
the sources and about the way between source and receiver. These techniques, already
successfully used for audio signals [Hyv01, Win05] could be an interesting way to separate
structure-borne sounds. It proved to work well for diagnosis of artificial defects in bearings
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[Ise06b] and can represent an improvement compared to the de-noising algorithm used
here. This methodology can even be useful to separate other sources, like gear noise, from
the signal of the bearing.
Now that the model is available, it remains to be investigated how different surface
conditions and machining process contribute to the structure-borne sound generated by this
machine part. Mostly interesting is to investigate the influence of a certain surface condition
in the annoyance (and loudness) of the sound produced by the bearings. This can be helpful
on the very early stages of design of the bearing.
The ’sound design’ of bearings could give important informations like simulating in
advance if a specific machining process (a further polishing of the surfaces, for example)
a determining influence on the noise, or if it can be changed or skipped. For this purpose,
however, accompanying measurements should help forming a database of sound examples.
Also, by combination with the radiation problem, a wide field of research opens in terms
of psychoacoustic evaluations of machine noise with the possibility to control the source’s
signal with the model.
In terms of the inverse problem, it was solved up to the point of extracting the bearing’s
signal out of the measurements. Further development has to be done to try to correlate
it with the surface condition. As mentioned, this is still a challenging problem, not only
due to the variety and complexity of the surface conditions but also because of the lack
of adequate descriptors for them. This is also dependent on creating a bigger database
of test bearings with the possibility to fabricate different surfaces and test them. As a
first approach it is suggested to produce and test different surface qualities and try to define
limiting ranges for vibration and noise and perhaps divide them in classes. Later on, further
refinement would concentrate in how each of these classes influence the overall vibration
of the machine and/or the sensation of humans.
Considering the field of condition monitoring, further work should concentrate in the
development of signal processing methods. Concerning measurements, a relatively reliable
amount of sensors is available. They deliver values for various physical quantities. The task
remains in how to use well this information. Furthermore, increasing the reliability of the
information depicted from the measurements and relating them to their causes is the key
point for reliable diagnosis. The approach used here supports the idea that analysing the
signal chain by describing the source and the signal path delivers extra information and
extends the possibilities for further analysis.

Appendix A - FAG 6211 C3
Geometric Parameter Symbol Value
Inner diameter d (mm) 55.000
Outer diameter D (mm) 100.000
Width B (mm) 21.000
D1 (mm) 86.100
Da max (mm) 91.000
d1 (mm) 68.900
da min (mm) 64.000
ra max (mm) 21.000
rmin (mm) 1.500
Dynamic Force C (kN) 43.000
Static Force C0 (kN) 29.000
Fatigue Limit Cu (kN) 0.172
Reference Rotating Frequency nre f (1/min) 8500.0
Limit Rotating Frequency nlim (1/min) 16000.0
Appendix B - FAG NU211E.M1
Geometric Parameter Symbol Value
Inner diameter d (mm) 55.000
Outer diameter D (mm) 100.000
Width B (mm) 21.000
D1 (mm) 86.600
Da max (mm) 91.000
da max (mm) 65.000
da min (mm) 62.000
db min (mm) 68.000
D1 (mm) 86.600
E (mm) 90.000
F (mm) 21.000
r1 min (mm) 1.100
ra max (mm) 1.500
ra1 max (mm) 1.000
rmin (mm) 1.500
Dynamic Force C (kN) 99.000
Static Force C0 (kN) 95.000
Fatigue Limit Cu (kN) 13.200
Reference Rotating Frequency nre f (1/min) 6700.0
Limit Rotating Frequency nlim (1/min) 7000.0
Appendix C - FAG 22318EK
Geometric Parameter Symbol Value
Inner diameter d (mm) 90.000
Outer diameter D (mm) 190.000
Width B (mm) 64.000
D1 (mm) 162.500
d2 (mm) 110.200
Da max (mm) 176.000
da min (mm) 104.000
ds (mm) 6.300
ra max (mm) 2.500
rmin (mm) 3.000
Dynamic Force C (kN) 610.000
Static Force C0 (kN) 630.000
Fatigue Limit Cu (kN) 55.000
Reference Rotating Frequency nre f (1/min) 3000.0
Limit Rotating Frequency nlim (1/min) 3600.0
Summary
This work deals with the generation and propagation of structure-borne sound by the rolling
contact in bearings. Rolling bearings are widely used in machines and, in early stages of
operation, the interaction of the rough surfaces of races and rolling bodies produces an
excitation that will propagate to the surrounding structure.
The dissertation presents a model for the determination of the structure-borne excitation
due to rolling, using the condition of the surfaces and the dynamics of the rolling movement
as input. The model is able to simulate the time evolution of the excitation generated by
the bearing that is imposed to the machine.
Additionally, this work describes the experimental evaluation of the transfer functions
of the test machine, i.e. the influence of the path between the point where the excitation is
generated (in the bearing) to the point where it is usually measured (on the machine’s hous-
ing). For this purposes, special actuators made of one rolling element are built, calibrated
and mounted inside the bearing. This allows a broad-band determination on the transfer
function with the machine mounted (closer to the real situation).
The key contribution of this work is a model of the noise generated in rolling bearings.
With a description of the source and the influence of the path between source and sensor,
it is now possible to simulate the vibration of the machine that would be capture in its
housing. Measurements in operation conditions are made for comparisons with cylindrical
and spherical rolling bearings.
This approach shows that a deeper insight in the understanding of machine vibration
can be gained when one tries to model sources and treats the system as a filter that has to
be described in order to evaluate the influence of the transfer path. The adaptation of the
model for lubrication is also implemented and described. A part of the inverse problem,
i.e. to separate back the bearing signal from measured signals is also done. Future work
remains in trying to associate this vibration to the condition of the bearing’s surfaces. For
this, more measurements to create a bigger database of surfaces are necessary.
Zusammenfassung
Diese Arbeit beschäftigt sich mit der Entstehung und Ausbreitung von Körperschall, der
bei Rollvorgängen in Wälzlagern entsteht. Wälzlager sind unverzichtbare Bauteile in den
verschiedensten Maschinen. Das Zusammenspiel zwischen den rauen Oberflächen von
Laufbahnen und dem Wälzkörper erzeugt Körperschall, der sich in der umliegenden Struk-
tur ausbreitet.
In dieser Dissertation wird zunächst ein Modell für die Bestimmung von Körperschal-
lanregungen, die durch Rollbewegung entstehen, hergeleitet. Dieses Modell erlaubt die
Simulation der Zeitabhängigkeit der Anregung und benutzt den Oberflächenzustand und
die Rolldynamik als Parameter für die Berechnung.
Exemplarisch wird für eine Testmaschine die Bestimmung der Übertragungsfunk-
tion zwischen Signalentstehung (aus dem Wälzlager) und Signalmessung (am Sensor am
Maschinengehäuse) beschrieben. Dazu werden speziell kalibrierte Aktuatoren aus einen
Rollkörper gefertigt und in das Wälzlager aufgebaut. Dadurch ist eine breitbandige Bes-
timmung der Übertragungsfunktion im eingebauten Zustand möglich, was die Realität best-
möglich abbildet. Der Kern der Arbeit ist ein Modell der Geräuschentstehung im Rol-
lvorgang in Lagern. Mit einer Beschreibung der Signalquelle und des Weges zwischen
Anregung und Messung als Filter ist es nun möglich, die Schwingung am Messpunkt zu
simulieren. Begleitende Messungen von Betriebszuständen für Zylinder- und Kugellager
werden als Vergleich herangezogen und verifizieren den theoretischen Ansatz.
Weitere Aspekte dieser Arbeit sind die Implementierung eines Schmiermodells, mit
dem die Körperschallentstehung unter dem Einfluss von Schmiermitteln simuliert werden
kann und die Betrachtung des inversen Problems, welches die Bestimmung des Lagersig-
nals aus gemessenen Signalen beschreibt. Somit ist eine wichtige Grundlage für die Un-
tersuchung des Zustandes von Lageroberflächen auf der Basis von gemessenen Körper-
schallsignalen verfügbar. Zukünftig soll der Zusammenhang zwischen Lagerschwingung
und dessen Oberflächenzustand bestimmt werden. Für diesen Zweck, ist eine erweiterte
Oberflächen- bzw. Körperschalldatenbank erforderlich.
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